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ABSTRACT

Finding replacements for R-410A is paramount, and it primarily focuses on issues such as
energy efficiency, GWP, flammability, toxicity, and safety. The study reported herein supports
replacing R-410A Dby investigating reconfigurations to vapor-compression cycles and then
determining performance improvements for these modified cycles. In addition, a comprehensive
climate zone model was developed so that modified cycle performances could be evaluated and
compared for the full range of a cooling-season weather conditions found throughout the U.S,
which was necessary because cycle performances are dependent on outdoor temperatures and
humidities.

Using R-410A and other refrigerants, these evaluations and comparisons of modified
vapor-compression cycles were first performed for outdoor air temperatures ranging from 26.7 to
35 °C and relative humidities ranging from 40% to 80% with assumed evaporator exit air
temperatures of 7.2, 10, 12.8°C and a typical compressor efficiency of 80%. The first set of
modifications investigated are based on installing evaporative cooling at the condenser air inlet
with external supply water sources being either producing COP highest improvements of 60% and
internal water supplied by the evaporator condensate producing COP highest improvements 38%.
The second set of modifications investigated are based on installing at the evaporator inlet HRV
units with resulting COP improvements of 25% and ERV units with COP improvements reaching
as high as 100%. The final two modifications both cool the refrigerant exiting the condenser and
entering the evaporator by either using evaporator condensate water which resulted in COP
improvement of less than 5%, or by transferring energy to the refrigerant exiting the evaporator
and entering the compressor with the aid of an internal heat exchanger, which resulted in COP

increase as high as 32%. As final step to determine the reconfiguration effectiveness for any



modified cycle with any phaseout replacement refrigerant at any location were combined the two
sets of models, namely the climate zone models and the refrigeration cycle models, to perform a
comprehensive analysis over full cooling seasons, for each climate zone. The results show that the
performance ranking of modification and refrigerant types vary considerably with location, as

defined by climate zones, throughout the U.S.
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1. INTRODUCTION

Refrigeration is defined as the process of moving heat from one place to another by using
refrigerant in a closed cycle. Refrigeration, including all aspects of cooling the built environment,
accounts for approximately 15% of worldwide electricity energy consumption and 8% of U.S
electricity energy consumption, according to the International Institute of Refrigeration [1]. Space
conditioning and HVAC equipment in commercial and residential buildings consume the majority
of this energy. Therefore, finding new approaches to reduce the energy used to cool buildings
without losing comfort and indoor air quality (IAQ) is an important challenge. Even with decades
of searching and researching, the most energy efficient approach for cooling, is still the Rankine
cycle, otherwise known as vapor compression refrigeration (VCR). However, when implementing
new refrigerants, opportunities exist to improve the energy efficiency of existing vapor-
compression technology and components by designing new systems that utilize creative
configurations of individual components.

Refrigerants are the working fluids in refrigeration, air-conditioning, and heat-pump
systems. Today, many residential and light commercial AC systems in use still contain R-22,
which is being phased out globally and has been banned for use in new AC systems in the U.S
since 2010. The vast majority of AC units sold today contain R-410A, which is an HFC mixture
with a GWP (global warming potential), which is a measure of its climate-warming potential
compared to CO2, of 2,088. Therefore, because of this high GWP, R-410A is soon to follow the
path of R-22 in that its phase-out has also been mandated. Searching for a new replacement for R-
410A are ongoing and paramount while considering Ozone Depleting Potential, GWP,
flammability, toxicity, and safety issues. An important consideration when phasing out R-410A is

that any replacement refrigerants should not have a lower COP compared to R-410A because the



net result could be an increase in global warming caused by increased power plant emissions.
Therefore, as part of the R-410A phaseout, ongoing efforts must be made to improve the energy

efficiency of existing vapor- compression technology and components.



2. BACKGROUND AND LITERATURE

2.1 NIST/ Dr. Domanski Research---4th Generation Refrigerant Investigation

Dr. Domanski NIST, the leader of the HVAC&R Equipment Performance Group of the
Energy and Environment Division of the Engineering Laboratory, and his group have studied
thermodynamic analysis of refrigerants [2] [3] for decades. Dr. Domanski created a new
terminology called “exploration of thermodynamic space,” which is defined the limits of what is
allowed by thermodynamics, but without being constrained by presently known fluids. Four
significant thermodynamic parameters, namely critical temperature, critical pressure, vapor heat
capacity, and the acentric factor (a parameter related to the slope of the vapor-pressure curve) are
identified as four fundamental parameters that can in turn be used to relate all other thermodynamic
parameters. They denote a search domain containing refrigerant parameters under full range of
possible thermodynamic behaviors. Then, they calculate the thermodynamic properties of a
refrigerant by using these parameters and an equation of state. Next, they explore the
thermodynamic space with a conventional vapor compression model by using the calculated
refrigerant properties determined by the parameter values selected from the search domain. The
goal of this exploration is to find an optimum combination of these parameters as as to maximize
both COP and the Q,,,;. With COP being an indicator of the energy efficiency (operating cost) of
the system and Q,,; defining the refrigeration capacity per unit volume of refrigerant vapor
flowing into the compressor; which is a measure of equipment size (first cost). By use of
evolutionary algorithms, the most important thermodynamic parameters and their optimum values
were determined, with this approach not being limited to only known fluids. This approach is
further illustrated by the “Pareto front” on coordinates of inverse volumetriC capacity versus

inverse COP as shown in Figure 1 for a vapor compression cycle.



The Pareto front represents that a thermodynamic performance limit to for a given cycle
and application. Also, it illustrates a fundamental tradeoff between volumetric capacity and COP-
in that it is impossible to achieve high COP and high capacity simultaneously. Figure 1 shows
refrigerants widely used currently, and it illustrates that the better refrigerants are the ones closer

to the Pareto front.
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Figure 1 Pareto front and selected current refrigerant for the simple vapor compression cycle

Later in 2017, Dr. Domanski and his group published in Nature Communication [4] an
important study that showed that there are limited options for low-global-warming-potential
refrigerants. Furthermore, they concluded that the efficiency-versus-capacity trade-off that exists
in an ideal analysis disappears when a more realistic system is considered that utilizes forced-
convection, air-to-refrigerant heat exchangers, which are optimized for a particular refrigerant. For
example, Figure 2 is shown for the primary vapor compression cycle with values being relative to
those for R-410A and calculated for the optimized cycle model. The primary conclusion from this
figure is that the viable candidates for single component low-GWP alternatives for small AC

systems are very limited, especially for refrigerants with volumetric capacities similar to R410A.



Fluids with good COP and low toxicity are available, but all are slightly flammable. Nonflammable
candidates exist among the fluid with low volumetric capacity, but the use of such fluids in small
AC systems would require extensive redesign and may result in lower COP value. Blends offer
possibilities, and refrigeration industries are actively reducing or eliminating flammability with

the trade-off of increased GWP.
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Figure 2 Different refrigerant values are relative to those for R-410A based on the optimized
cycle model
From Dr. Domanski paper results, the R-410 replacement dilemma is summarized in Figure
3. To solve this problem, two different approaches are addressed in the study presented herein,
namely: a) investigate performance enhancements for reconfigured systems b) identify new drop-

in refrigerant types by property comparisons.
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Figure 3 R-410 Replacement dilemma

2.1.1 System Reconfiguration
2.1.2 Conventional Vapor Compression System

A standard vapor-compression refrigeration cycle that one would expect to find in real-
world HVAC cooling units has the four major components shown in Figure 4, namely a
compressor, condenser, thermal expansion valve and evaporator. The refrigerant processes
occurring in the four components are compression, condensation, throttling, and evaporation. In
the compression stage, the refrigerant enters the compressor as a superheated vapor at low pressure
and low temperature. The superheated vapor then leaves the compressor after being compressed
adiabatically as a high pressure and high temperature superheated vapor. In the condensation stage,
the high pressure and high-temperature vapor releases its thermal energy and condenses inside the
condenser, resulting in the refrigerant leaving the condenser as a high pressure, subcooled liquid.
In the throttling stage, the liquid refrigerant flows through the throttling valve in a constant
enthalpy process so that the vapor and liquid refrigerant mixture enters the evaporator at a lower

pressure and temperature. The low pressure refrigerant mixture is evaporated at a constant



temperature with the liquid absorbing heat from the low-temperature cold reservoir and continually
evaporating. Finally, the refrigerant leaves the evaporator as a low-temperature, low-pressure
vapor with some superheating occurring enters the compressor again, to complete the cycle. The
refrigeration cycle comprising the above processes and states is shown in the Figure 5
Psychrometric chart at least for the air side and then in the Figure 6 T-s and Figure 7 P-h diagrams
for the refrigerant side.

For air-side, which was shown previously in the Figure 5, Psychrometric chart, the focus
IS on processes in the evaporator and condenser, with the same outdoor air being supplied to both.
In the case of the condenser, the air exits back to the outdoors. As the outdoor air in the case of the
evaporator, the air is cooled and dehumidified as heat is transferred to the low-temperature
refrigerant with the air temperature always being higher than the evaporator refrigerant
temperature. Furthermore, as the air is cooled, the inlet air humidity ratio is maintained, until the
dew point is reached at the 100% relative humidity point. Once the dew point is reached,
condensate water is generated, which reduces the humidity ratio as shown in the Figure 5
Psychrometric Chart with the humidity ratio difference between the inlet and outlet of the
evaporator being a measure of condensate formed and discharged from the system.

In addition to the evaporator, outdoor air also flows through the condenser and heat transfer
occurs between the refrigerant and air, resulting in a higher temperature air being exhausted to the
environment. This flowing air with in its increasing temperature is always lower than the
condensing refrigerant temperature, was shown in Figure 6. Unlike air in the evaporator, no
humidity ratio change occurs in the condenser because the dew point temperature cannot be

reached by air heating. Of special note, the values of the refrigerant enthalpy change in all



components can be observed in the Figure 7 Ph diagram, which is important COP in that it is later

defined as the ratio of Ah, to Ah,yy, -
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Figure 7 P-h diagram for conventional vapor compression system

Space conditioning and HVAC equipment in commercial and residential buildings

consume the majority of the refrigeration energy. Therefore, finding new approaches to reduce the



energy used to cool buildings without sacrificing comfort and indoor air quality (IAQ) is a
significant challenge. The approach that can have the highest probability of success in short-term
is to improve the energy efficiency of individual components in HVAC systems and to design new
systems utilizing creative configurations of existing vapor- compression technology and
components, with the latter being an important focus of the study reported herein.

Modifying cycle components and configurations can improve conventional vapor-
compression system performances by either indirect means when one changes outdoor air
conditions supplied to the condensers, which then change refrigeration conditions or directly by
changing refrigeration conditions. The net result from either of the above is to increase the cycle
COP by increasing the refrigerating effect, decreasing compressor specific work or a combination
of both effects.

2.1.3 Change Outdoor Air Condition

One such approach investigated herein for reducing energy consumption and operating
costs by altering the supply air temperature to the heat exchanger which in our case is outdoor air
is to modify or reconfigure the air-side of both the condenser and evaporator of a typical vapor-
compression cycle. Specifically, an evaporative precooler can be added on the air-side before the
condenser so that either external water or internal water, consisting of the evaporator condensate,
is utilized to evaporatively precool outdoor air before it enters the condenser, resulting in a lower
refrigerant condensing temperature. Of special note, it is sufficient with external water to always
achieve a fully wet-bulb condition, which corresponds to the lowest possible condenser air-inlet
temperature, regardless of the outdoor air conditions. However, with internal water usage, the
degree to which evaporative cooler can reach a wet-bulb temperature and the amount of condensate

formed in the evaporator are both dependent on the outdoor air dry-bulb temperature and relative

10



humidity. In other words, the internal condensate water collected for any specific outdoor air
condition may or may not be sufficient to achieve a fully wet-bulb condition, which corresponds
to the lowest possible condenser air-inlet temperature.

Another approach based on altering airside temperatures that is investigated herein is to
modify only the air-side of the evaporator. Specifically, a heat recovery ventilator (HRV) or energy
recovery ventilator (ERV) is added on the air-side before the evaporator. By using heat
recovery/energy recovery ventilators between the incoming fresh outdoor air and the exhaust room
air, the dry-bulb temperature of air entering the evaporator decreases while the relative humidity
remains constant/decreasing, which in turn increases the refrigerating effect while lowering the
compressor work so that the COP is increased.

A detailed literature review of past studies based on reconfiguring conventional vapor-
compression refrigeration systems with evaporative cooling at the condenser air inlet based on
utilizing a combination of external-sourced and internal-source water are limited and not
systematic. Even so, as the first step in the modeling and analysis study performed herein, a
literature survey was performed and specific results are reported in this section, with the literature
falling in the categories of experimental and modeling studies for the case of external-sourced and
internal-sourced to evaporatively cool the air entering the condenser.

External Experimental Studies Using external water only, Casvendi, B and Calli, Umit
[5] experimentally investigated methods for improving the energy performance of air-cooled
chillers with a WSMCST system installed upstream of the condenser air stream. Specifically, the
WSMCST system consisted of three components, namely (1) a water treatment and control unit
(2) a high-pressure pulverization unit with atomization nozzles and (3) a specially developed

microprocessor. Based on the measurements from a factory located in Turkey, during a 3-months
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period from June to August 2009 under ambient temperatures ranging from 25°C to 39 °C, the
result of pre-cooling was to achieve a temperature reduction at the inlet of the condenser that varied
between 5K to 20K. Furthermore, the use of mist-spray pre-cooling was reported to have increased
the EER for a broad range of temperatures by as much as 14% along with a 5% increase in the
COP. Also, they reported that the drawback of operating cost and external water purchase was
negligible compared to its advantage. Specifically, the operation cost of the system accounted for
only 2% of energy saving from the chiller while the water consumption price accounted for 10%
of the energy conservation.

In another study, Hajidavalloo [6] used a 1.5-ton window air conditioner with media pads
sprayed with external water for evaporative cooling. In this experiment, the ambient dry-bulb
temperatures were 45 and 46 °C while the ambient wet-bulb temperatures were 24 and 25.5
°C, with a decrease of condensing refrigerant temperature to 17 and 10°C, respectively. Using this
approach, the power consumption could be decreased by as much as 16% and the coefficient of
performance increased by around 55%. It was thus concluded that the application of evaporative
cooling could result in an increase performances at least for a limited set of conditions and small
size refrigeration systems.

Faramarzi, Ramin [7] set up a test comparing traditional air-cooled condensers and an
evaporative —cooled condenser called (ECAC). The result revealed that ECAC performed more
efficiently than the air-cooled system with a 51% higher EER for hot and dry conditions of 115 °F
dry-bulb temperature and 74 °F wet-bulb temperature. However, the authors recommended that
water usage efficiency, potential maintenance, reliability, corrosion, scaling and other water-

related operational issues be investigated and considered.
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Goswami, Mathur and Kulkarni [8] at the University of Florida did a specific evaluation
of the impact of an indirect evaporative pre-cooler for the condenser, and the study showed a 20%
reduction in overall energy use for an average of 14 °F air temperature drop before reaching the
coil. Based on the above result, they predicted that the potential savings in drier climates with
much lower dew points could be 30% with even more significant peak reductions.

Tianwei Wang [9] performed experimental research based on utilizing external water for
evaporative cooling for air temperatures that ranged from 22-50 °C and 22-46 °C for the evaporator
and condenser, respectively. The condenser inlet air was precooled with an evaporative cooling
unit that consisted of a spray nozzle, a water supply pipe, a fan, a heater, a guiding plate, a cooling
pad and a drainage pipe. The results showed an increase in the mass flow rate of refrigerant that
went into the evaporator, which resulted in increases of COP ranging from 6.1% to 18%. A power
reduction up to 14.3% on the compressor was also achieved.

Yang [10] investigated the effect on chiller efficiency of using water mist evaporative pre-
cooling on air-cooled chillers during on-site experimental studies in a subtropical climate. Thus
experimental results showed that the dry bulb temperature of air entering condenser with water
mist pre-cooling dropped by up to 9.4 °C with the chiller COP being improved by up to 18.6%.
As an aside, the study noted that the application of water mist pre-cooling associated with a chiller
system is uncommon.

Adarsh Mohan Dixit [11] presented an experimental investigation of a high-efficiency air
conditioner that utilized cellulose pads before the condenser in a 1.5 TR (refrigerating ton) air
conditioner. They expected that the air conditioner performance could be improved due to the
excellent water wet ability of the cellulose pads which causes a uniform water film over the entire

surface of the pads and perfect contact between water and cooling air. The experimental results
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reported showed that the COP reached a value of 8.03, which they concluded was higher than the
standard value of 5.98 for conventional residential split air conditioners.

Hajidavalloo and Eghtedari [12] experimentally studied the effect on the performance of
an air-cooled split-air conditioner of using an evaporatively cooled air condenser. Variable ambient
air conditions up to 49°C were examined to determine the effect on the COP and power
consumption. Experimental results showed that by using evaporative-cooled air condenser under
hot weather conditions, the COP could be improved up to 50% and the rate of improvement
increased as the ambient air temperature was increased. They also found that the power
consumption could be reduced up to 20%.

Chainarong and Doungsong [13] experimentally investigated the use of various indirect
evaporative coolers to reduce energy consumption in a domestic split-type air conditioner. The
condensing unit was retrofitted with a corrugated-media pad-type evaporative cooler, water
sprayers, a water source, and a pump. The air-stream entering the condensing unit was cooled
down at two positions, i.e., in the front of and within the cellulose corrugated pad. Moreover,
injecting water into the air is divided into two types of distribution: water curtain and water spray.
The study results showed that the electrical consumption and COP strongly depend on the ambient
conditions. Due to the effects of condensing pressure, when the ambient temperature rises, the
electrical consumption becomes higher, while the COP becomes lower. In addition, utilizing the
indirect evaporative cooling system decreases the temperature of air entering the condensing unit,
further enhancing the system performance. The maximum energy savings occurs when the water
spray works together with the cellulose cooling pad. With the use of evaporative cooling systems,
the COP is improved by around 6-48%, and electrical consumption is reduced by approximately

4-15%.
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External Modeling Studies Yu and Chen [14] did a simulation analysis on an air-cooled
chiller equipped with a direct evaporative cooler, with the outdoor dry bulb temperatures ranging
from 15 to 35°C and wet bulb temperatures ranging from 12.4 to 29.5 °C. The model was operated
under different schedules of condenser fan staging ---head pressure control (HPC). For any given
heat rejection, there was a condensing temperature set point to control the staging of condenser
fans. When the condensing temperature exceeded its set point, another condenser fan would be
switched on to increase the heat rejection airflow, which enabled the condensing temperature to
fall to slightly below its set point. Under HPC, the set point of the condensing temperature was
fixed at 45°C at all operating conditions. Fewer condenser fans were staged to limit the heat
rejection airflow when the chiller load or outdoor temperature decreased. The result showed that
when head pressure control is used, the cooler enables the condensing temperature to drop by 2.1-
6.2°C, leading to a 1.4-14.4% decrease in chiller power and a 1.3-4.6% increase in the refrigeration
effect.

Yu and Chan[15] attempted to improve the COP of air-cooled screw chillers when
condensers are designed with evaporative pre-coolers and variable-speed fans. They developed a
thermodynamic model for an air-cooled screw chiller with empirical equations describing the
condenser components. Condenser components contained algorithms to determine the number and
speed of staged condenser fans. The model was validated by using chiller specifications and a wide
range of operating data in the steady-state mode. It was found that the optimum set-point
condensing temperature is a function of the chiller load and the wet bulb temperature of the outdoor
air. They reported that using the new condenser design and condenser fan operations could result

in a5.6-113.4% increase in chiller COP, depending on chiller loads and weather conditions. Also,
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the cooling capacity can be enhanced by 3.8-28.2%, which enabled the chillers to operate at higher
loads.

Bo Shen [16] theoretically demonstrated that commercially available evaporative pre-
coolers offer an opportunity for low-cost retrofit for many existing packaged rooftop units,
commercial unitary split systems, and cooled chillers under dry-bulb temperatures ranging from
20 to 45°C, and relative humidifies ranging from 20% to 80%. Additionally, a comparison of two
working fluids, R410A and R22 showed that the benefits of pre-cooling with R410A were
significantly higher than that for R22. Specifically, at low ambient temperatures, it is found that
there is a 25% difference in the relative performances of R410A and R22.

Xiaoli [17] simulated an air-cooled chiller coupled with a direct evaporative-cooler to
reduce the entering air temperature of the condenser and to improve the performance of air-cooled
chiller. A mathematical model was developed for the energy performance of the evaporative air-
cooled condenser (EACC), and the model was used to evaluate the energy-saving potential more
accurately. The impacts of various factors on the energy saving potential were analyzed, and it was
found that there exists an optimal evaporative-cooler pad thickness which maximizes the energy
saving. Optimization results of the pad thickness in 31 main cities in China were presented, and
the maximum energy saving potential of EACC in China was found to be between 2.4% and 14.0%
depending on the climatic conditions. In general, it was shown that EACC has a more significant
energy saving potential in dry and hot climate than in a humid and hot climate.

Youbi [18] proposed a water spraying system in front of an air-cooled condenser to reduce
entering air temperatures. They developed a semi-local numerical model for the sprayed air-cooled
condenser coupled with a refrigeration system. In their model, the air temperature was 25 °C, RH

was 30%, evaporating temperature was 5°C and the subcooling/superheating temperature was 3/7
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°C. They predicted the COP of the refrigeration system and found that it could be improved by up
to 55%.

External Combined Experimentally and theoretical and Modeling studies Huan [19]
performed an experimental study on the effect of evaporative cooling on an air-cooled chiller
utilizing an evaporative precooler filled with corrugated-holed aluminum-foil fillers. It was shown
that for an outdoor dry-bulb temperature of 28.5°C and a wet-bulb temperature of 22.5°C, the use
of a cooler pad caused an increase of 6.7% in the cooling capacity and a reduction of 6.9% in the
electric demand, which in turn resulted in a COP increase of 14.7%. A regression analysis of the
experimental data for the air temperature at the outlet and the energy loss through the filter based.
It was concluded that the system is especially suitable for dry and hot areas, and it was suggested
that the design for air-cooled chillers should be promoted.

Jia Yang [20] studied both experimentally and theoretically the effect of operating a water-
mist precooling system to enhance the energy efficiency of air-cooled chillers under operating
conditions with ambient dry-bulb temperatures of 32.7 and 28°C and relative humidities of 20.1%
and 78%. Using the conventional head pressure control, as noted previously, the COP was
increased up to 21.3%. Considering an optimal water-mist generation rate under condensing
temperature control, the chiller COP increased up to 51.5%.

Pongsakorn and Thepa [21] in an experimental and numerical study investigated the proper
operating strategies and the appropriate capillary tube length of an optimal refrigerant charge for
an inverter air conditioner system with an evaporative cooling system installed in the condensing
unit. The adapting system was tested by varying frequencies, water flow rates, and spraying
temperatures. The COP increased by 18.32% at the lowest frequency and spraying rate of 2001/h.

Therefore, the flow rate of 1001/h tended to improve the COP at a higher range of frequency due
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to water distribution complexly and lower total consumption with the efficiency being enhanced
up to 31-35%.

Internal Experimental Studies Pengyu Li and Jinhua Chen [22] focused on a study of
recovery and utilization of condensate drain in a split-type air conditioner under outdoor air dry-
bulb temperatures ranging from 30-35 °C and relative humidities ranging from 60% to 70%. They
found that by cooling the surface compressor with collected condensate water, the condensing
temperature could be reduced. Also, making use of split air-conditioning and condensate water to
cool the condenser the energy consumption could be reduced as much as 4.5%.

Dusan Licina [23] investigated utilizing the condensate from large air handling units (AHU)
in hot and humid climates for pre-cooling outdoor air by utilizing an evaporative cooling unit in a
separate AHU while simultaneously offsetting cooling tower water needs. The experiments were
carried out for outdoor air dry-bulb temperatures ranging from 26-30.5 °C and relative humidities
ranging from 60% to 90%. It was found that condensate production was sufficient for a pre-cooling
that could produce approximately 10% energy saving while offsetting cooling tower demands
more than 50%. Nevertheless, the usefulness of the results is limited because of a specific setup
and a narrow set of conditions.

Internal Combined Experimentally and Modeling Studies R. Sawan [24] investigated
utilizing the condensate drain in an evaporative cooling unit for pre-cooling the air entering the
outdoor condensing unit by both simulations and experiments. The direct expansion vapor-
compression system was designed to remove the total peak load at its rated capacity in order to
control the indoor temperature at its set-point. At partial load, the system relies on the ON-OFF
cycling of the compressor to maintain a temperature close to the set-point. The rated capacity of

the system varied as the indoor and outdoor conditions deviated from the manufacturer’s rated
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conditions while the power consumption was computed from the energy input ratio depending on
the indoor and outdoor conditions. The theoretical model simulated the ON-OFF operation of the
DX unit in response to changes in the capacity of the system and indoor space load conditions.
Furthermore, the model evaluated a case study of thermal conditions and energy demand for a
typical office space in Beirut during June, August, and October. The simulation result revealed
that the condensate would be sufficient in October only, resulting in a 5.3% energy saving for a
whole day in that month. However, the spray of water was found to be last for six operating hours
in June and eight hours in August, resulting in a reduction in the consumed energy of 5% in June
and 4.5% in August.

Heat recovery/ Energy Recovery Most cases of heating, ventilating and air-conditioning
(HVAC) systems currently in operation are all-air systems, meaning that they employ air not only
for ventilation but also as a heat transfer medium. Indoor air quality, ventilation airflow rates and
HVAC costs (capital and operating) are all related. Of special importance, energy loads for supply
air cooling or heating sometimes can significantly reduce the need for dehumidifying or
humidifying by using air-to-air heat/energy recovery devices. [25] Additionally, heat recovery
technology also offers other optimal solutions: fresh air, better climate control, and energy
efficiency.

Heat recovery in building applications is widely used in some Europe countries. For
example, Lazzarin [26] discussed technical and economic aspects of using the HRV even for small
ventilation flow rates in three cities (Milan, Rome, and Palermo) in Italy. Mats Fehrm [27] gave
a comprehensive review of heat recovery in Sweden and Germany from both a development and
an economic point of view. Air-to-air heat recovery ventilators for commercial buildings and the

single-family houses is also widely used in China as well. [28]

19



Four systems were compared and investigated by J.L. Niu [29] in Hong Kong, namely all-
air system, an all-air system with total heat recovery, chilled-ceiling with AHU, and chilled-ceiling
with desiccant cooling. The annual energy consumptions for the four systems were compared, and
the chilled-ceiling combined with desiccant cooling primary energy produce of saving up to 44%
of compared to conventional constant volume all-air systems.

Carey J. Simonson [30] determined the performance of energy wheels using experiments
and numerical simulations for a wide range of conditions of mass flux, temperature, and humidity.
The agreement between simulated and measured results was well within the experimental
uncertainty, and the three effectiveness values, namely sensible, latent and total were found to be
unequal, and each has its unique sensitivity to operating conditions. The total effectiveness was
shown to be a poor measurement of performance when the supply and exhaust inlet air enthalpies
are almost the same.

Yaw Asiedu [31] presented a discussion on the design of dual air-to-air heat and energy
exchangers within cabinet units located in Chicago. The example design problem presented for
only a limited set of conditions showed that payback periods of a little over a year can be achieved
for energy wheels and sometimes for heat exchangers.

Ambrose Dodoo [32] analyzed the impact of ventilation heat recovery on the operation of
primary energy use in residential buildings for heating. It was found that heat recovery increases
the electrical energy used for ventilation and reduces the heat energy used for space heating. Heat
recovery is more effective (greater primary energy saving) in resistance heated building than in
district heated buildings (almost no saving). Heat recovery systems can thus give substantial final
energy reductions, but the primary energy saving is highly dependent on the heat supply system

as well as the amount of electricity used for heat recovery and the airtightness of buildings.
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Younness [33] compared the energy performance of HRV systems to other ventilation
systems for low energy residential and commercial buildings. Three typical low energy buildings,
namely a flat, a house and medium-sized office were studied. From the results of the simulation,
was concluded that the adequacy of HRV systems in low energy buildings varies with the building
type, heating loads and ventilation device characteristics.

Along with a reduction of ventilation heat loss, operating a heat recovery unit increases the
pressure drop and fan power consumption in the system. J. Laverge [34] addresses the trade-off
based on primary energy, carbon dioxide emission, household consumer energy price and exergy
frameworks for the different climates found in Europe. It was concluded that for the moderate
climate region of middle Europe, natural ventilation, simple exhaust mechanical ventilation and
heat recovery ventilation have no clear advantage over each other, considering operating energy
and associated ecologic (CO2) and economic (household consumer price) effects. However, by
achieving realistic low specific fan power, heat recovery ventilation can be made profitable for
many parts of Europe.

Roulet [35] addressed real energy recovery with air handling units from a theoretical point
of view and presented the results of measurements on 13 units in Switzerland. The best three cases
showed that the real heat recovery efficiency was between 60%, and 70%, with a 80% nominal
efficiency for the worst three cases producing a real efficiency of only 10%.

Wahiba [36] presented a detailed numerical analysis of heat and membrane-based energy
recovery ventilators by using computational fluid dynamics (CFD). The results showed a decrease
in the HRV/ERYV effectiveness with an increase in supply/exhaust air velocity. The results also
indicated that the outdoor temperature and humidity had only minor effects on HRV/ERV

performance.
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The annual energy consumption of an air conditioner coupled with an enthalpy/membrane
heat exchanger was studied and compared with a conventional air conditioning cycle by M. Nasif
[37]. The result showed that in humid climates a saving of up to 8% in annual energy consumption
could be achieved when membrane heat exchangers are used instead of a conventional HVAC
system.

The applicability of ERVs with sensible and latent effectiveness values in a practical range
was simulated by Mohammad [38]. A 10-story office building in four American cities as
representatives of major climatic conditions was investigated, and the result showed that heat and
moisture recovery (ERV) could lead to a significant reduction in the annual heating energy
consumption up to 40% and 5% higher than the HRV. Also, an ERV with the capability of moisture
recovery may reduce the annual cooling energy consumption by 20% provided there is proper
controll.

A novel run-around membrane energy exchanger (RAMEE) system was designed, built
and tested for HVAC by Khizir [39]. The system consisted of two counter cross-flow liquid-to-air
membrane energy exchangers, one located in the supply and the other in the exhaust air streams
of a building. Inside each exchanger, a microporous membrane separated the air and desiccant
solution streams. During summer test conditions, the total system effectiveness increased with
increasing desiccant flow rates, but decreased as the air flow rate increases. It was found that the
maximum total effectiveness of the system can reach up to 55%.

Dominic [40] gave a review of utilizing six different heat recovery devices by analyzing
and comparing their suitability for integration into passive ventilation systems. The result showed

that heat pipes and rotary thermal wheels may be the technologies with the most potential for
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integration due to high thermal efficiency and low-pressure loss across the heat recovery device in
comparison to the other technologies.
2.1.4 Change Refrigerant Condition

Typically, the state of the refrigerant leaving the condenser of a conventional one-stage
vapor compression cycle is usually assumed to be saturated liquid. Nevertheless, by cooling liquid
refrigerant below the saturation condition, increases in the system coefficient of performance (COP)
can occur. Specifically, the effect of subcooling is to lower the temperature of the refrigerant in
the condenser exit, reducing the vapor quality at the evaporator inlet, increasing the enthalpy
difference across the evaporator, which results in boosting the evaporator cooling capacity. Also,
the utilization of subcooling ensures the refrigerant as a flashing liquid-phase at the inlet of the
expansion device, which reduces the risk of vapor-phase at the expansion device inlet. Several
approaches can be utilized to subcool the liquid refrigerant before the expansion processes, such
as adding internal heat exchangers in single-stage cycles or two-stage cycles. Also, subcooling can
be achieved by an auxiliary cooling system, such as a thermoelectric device or a secondary vapor
compression system, which is also known as mechanical cooling.

Sub-cooling Effect Various researchers have studied the sub-cooling effect of condenser
refrigerant in vapor compression refrigeration. Linton [41] investigated effect of the condenser
liquid subcooling on a refrigeration system performance by experiment. The results show that with
a constant condensing temperature, the COP and refrigeration capacity of three refrigerants
benefited from the sub-cooling increases with COP increase being: R134a (12.5%), R12 (10.5%)
and R152a (10%).

In addition, Yumrutas [42] studied a computational model-based exergy analysis, along

with a first and second law analysis, of a vapor compression refrigeration cycle using ammonia as
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the working fluid. According to the first law, the performance was significantly related to the
degree of subcooling at the condenser. Specifically, subcooling of the refrigerant at the exit of the
condenser causes the refrigerant to enter the cycle evaporator with lower quality, and thus it allows
the refrigerant to absorb more heat in the evaporator, resulting in an increase in enthalpy difference

across the evaporator, which improves the COP of the system.
Also, Dalkilic and Wongwises [43] studied the performance of a vapor-compression

refrigeration system with several refrigerants at a condensation temperature of 50 °C with

evaporating temperatures being varied from -30 ‘C to 10 C. The effect of subcooling degree on

refrigeration was compared between R134a, R152a, R32, R290, R1270, and R600a. Similarly,
Jensen [44] theoretically studied the optimality of sub-cooling in a simple refrigeration cycle
using ammonia as the refrigerant and with subcooling to obtain savings in compressor power of

about 2%.

Pottker [45] once presented a theoretical and experimental analysis of the effect of
condenser subcooling on the performance of vapor-compression systems. The results showed that
as the condenser subcooling increases, the COP reaches a maximum, as a trade-off between
increasing refrigerating effects and specific compression work. In addition, from the simulation
result, it was found that R1234yf would benefit the most from condenser subcooling in comparison
to R410A, R134a, and R717. The experimental results showed that for a given operating condition,
the system COP increased up to 18% for R1234yf and 9% for R134a.

Mechanical Sub-cooling by Adding a Sub-cooling Loop. Dedicated mechanical sub-
cooling cycles typically utilize small mechanical vapor-compression cycles, coupled to the main
cycle at the exit of the condenser, so as to provide sub-cooling to the main refrigeration cycle.

The amount of sub-cooling, the thermal lift of the sub-cooling cycle, and the performance of the

24



overall cycle can be directly related to the temperature of the sub-cooling cycle. In practice, the
components of the sub-cooling cycle are a fraction of the size of the main cycle components and
operate through much smaller temperature extremes. Thus, the COP of the sub-cooling cycle is
higher than that of the main refrigeration cycle, which in turn increases the overall cycle COP.

Zhang [46] added an auxiliary circuit to the main cycle to get the effect of sub-cooling
using refrigerant R12 and R22. The results show that the COPs of the new cycle increase by 5 to
11% compared with those of a conventional cycle. Thornton [47] utilized dedicated mechanical
sub-cooling design strategies for supermarket applications. The improvement in overall COP
through the use of a sub-cooler was found to be approximately 10% over a range of conditions
representative of supermarket applications. Khan [48] demonstrated by a model that the
performance of the overall cycle (main cycle and sub-cooling cycle) can be improved over the
original cycle, with this improvement found to be related to the refrigerant saturation temperature
of the subcooler.

Qureshi [49] found that energy can be saved by incorporating a dedicated mechanical sub-
cooling loops to existing refrigeration and air-conditioning systems. Comparing the R134a and
R717 results, R134a used in both cycles produced the best results in terms of relative compressor
size, COP and gain in COP. Qureshi [50] also experimentally investigated the mechanical sub-
cooling cycle with a residential 1.5-ton simple vapor-compression refrigeration system. For the
experiment, R22 was employed as the main cycle refrigerant while R12 was used in the sub-
cooling loop, with the room temperature could be kept between 18 and 22°C. The results showed
that the load carrying capacity of the evaporator increased by 0.5kW when R22 was subcooled in

the main cycle by 5-8°C.
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Syed [51] utilized a mechanical sub-cooling loop attached to the vapor-compression
refrigeration cycle to increase the system performance and to reduce the energy consumption. It
was found that the new system can significantly improve the system performance when operating
in locations where the difference between the condensing and evaporating temperatures is large.
The low-temperature refrigeration system, when operating at the optimum sub-cooler saturation
temperature, will result in as much as a 85% reduction in power input and a 65% lower
irreversibility rate. In another study, Syed [52] found that the system performance (with a sub-
cooling loop) peaks at a sub-cooler saturation temperature midway between the condensing and
evaporating temperatures. Simulations showed that the performance improvement could reach 20%
during peak periods of high-condensing temperatures.

Yang [53] performed a model-based comprehensive analysis on the principles of sub-
cooler sizing and optimal sub-cooling control of supermarket refrigeration systems, using
mechanical sub-cooling operating between medium and low-temperature systems. The maximum

energy saving was found to be around 27% for a R404A system and 20% for an R134a system.

Jianlin [54] described a new ejector refrigeration system with mechanical sub-cooling,
which used an auxiliary liquid-gas ejector to enhance the sub-cooling for the refrigerant leaving
the condenser. The new system had larger sub-coolings with the circulating pump consuming a
little more power compared with the conventional ejector refrigeration system. The result showed
that the COP of the new ejector refrigeration system was about 10% more than the conventional
ejector refrigeration system for R142b, when the condensing temperature was 35°C, evaporating

temperature was 5°C and the mechanical sub-cooling degree was 15°C.

Xing [55] utilized a theoretical study of R404A and R290 with an ejector to evaluate

improvements in the performance of a conventional single-stage vapor-compression. When the
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evaporator temperature ranged from -40 to -10°C and the condenser temperature was 45°C, the new

cycle achieved COP improvements of 9.5% with R404 A and 7% with R290.

Using an internal heat exchanger generates superheating in the suction of the compressor,
where the superheating ensures only the vapor phase of the refrigerant enters the compressor
suction, thus preventing slugging of the compressor and sweating of the suction line. Internal heat
exchangers have been adopted in vapor-compression refrigeration cycles for many years, but most
applications are commonly used in vehicles, with most working fluids being carbon dioxide.
Another validation of this heat exchanger is in home refrigerator when the small diameter capillary
tube is connected to a larger diameter suction line leading to the compressor.

Internal Heat Exchanger Applied to Transcritical R-744 (CO2) Cycle and Vehicle
Air-conditioning. Past studies indicate that carbon dioxide based systems associated with internal
heat exchangers have great potential in two sectors—in automobile air conditioning and heat
pumps for simultaneous cooling and heating.

Boewe [56] experimentally evaluated the effects of the internal heat exchanger on the
performance of a well-instrumented transcritical mobile air-conditioning system using by R744
(CO2) as the refrigerant. The effect on cycle efficiency was as high as 25%. The optimal design
for a COP-maximizing internal heat exchanger can also reduce material requirement up to 50%
while increase effectiveness by 10%.

Cho [57] found that the maximum improvement of cooling capacity and COP can reach up
to 11.9% and 9.1%, respectively owing to the internal heat exchanger in the transcritical carbon
dioxide cycle. Aprea and Maiorino [58] experimentally examined the transcritical carbon dioxide

refrigerator working as a traditional split-system for residential air conditioning when the internal
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heat exchanger is used. The result showed that by using the internal heat exchanger, the COP is
10% better.

Sarkar [59] studied the transcritical carbon-dioxide heat pump system by energetic and
exegetic analysis. It was found that the internal heat exchanger can increase the COP by 15%
compared to those transcritical cycle at an evaporator temperature of 0°C and a gas cooler outlet
temperature of 60 °C.

Torrella [60] studied the influence of the internal heat exchanger on the carbon dioxide
transcritical refrigerating plant from the energetic point of view based on experimental tests. The
results showed that the cooling capacity of the cycle could be increased up to 12% while the effect
of the internal heat exchanger on the compressor power consumption is insignificant. Similarly,
Aprea [61] found from experiments that improvements can be as much as 10%.

Preissner [62] tested the performance of an R14a automotive air-conditioning system in
the laboratory with and without an internal heat exchanger. The results showed that at a higher
condenser air temperature of 40°C, with an air flow rate of 1.0m/s, the COP, and the capacity
increased by 5 to 10% with a liquid-suction line heat exchanger effectiveness of 60%.

Similarly, Chao [63] applied the internal heat exchanger as a drop-in component to a
production vehicle in order to improve the performance of R134a A/C systems. The results showed
the benefits are equal to or higher for cooling capacity, COP and performance with less charge.

Thermodynamic Analysis of subcooling and Superheating Effects. Selbas [64] studied
an exergy-based thermo-economic optimization application associated with subcooled and
superheated vapor-compression refrigeration systems. The application consists of determining the
optimum heat exchanger areas with the corresponding optimum subcooling and superheating

temperatures for R22, R134a, and R407.
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Jarall [65] selected a wide range of superheating and subcooling temperatures as
parameters to analyze the vapor-compression refrigeration cycles of R134a and R1234yf and then
reported that the performance of the R1234yf system is influenced more significantly than that of
R134a system by using subcooling and superheating temperatures.

Similarly, the effect of subcooling and superheating on the three refrigerants—R134a,
R407c, and R410a were determined by Sencan [66]. It was found that subcooling and superheating
applications affect the system performance with this effect is the same for R134a and R407c, but
different for R410A.

Internal Heat Exchanger Applied to Vapor-Compression Refrigeration System. More
literature is available on the topic of applying internal heat exchangers to the conventional vapor-
compression refrigeration systems with residential and industrial refrigerants after 1990.

Hermes [67] explored the effects of the internal heat exchanger in vapor-compression
refrigeration cycles under constrained cooling capacities and varied evaporating pressures for
R134a, R22, R290, R410A, R600a, and R717. It was shown that the COP may either increase or
decrease depending not only on the working pressures, but also on the heat exchanger effectiveness,
the specific heat ratio, and the available latent heat to produce an additional refrigerating effect.

Klein [68] did a comprehensive investigation of R507A, R134a, R12, R404A, R290, R407,
R600 and R410A as working fluid utilizing internal heat exchanger and found that the internal
heat exchanger is useful in most cases. However, it is detrimental to system performance in
systems using R22, R32, and R717.

Similarly, Navarro [69] used R22, R-134a, and R407c as working fluids for experimentally
and theoretically verifying positive or negative influences on the overall energy efficiency when

incorporating internal heat exchanger. Navarro [70] also presented an experimental analysis of the
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influence of an internal heat exchanger on the performance of a vapor-compression system using
R1234yf as a drop-in replacement for R134a. The result showed that reductions in cooling capacity
and COP between 6 and 13% occurred when R1234yf replaces R-134 without internal heat
exchanger while the reduction is lessened to 2 when the internal heat exchanger is used.

Vijayan [71] investigated the effects of internal heat exchangers experimentally in a
window air conditioner using R22 and R407 as working fluid and finalized the maximum COP
increase can reach 5.9% and 6.3%, respectively. When retrofitting R22 systems with R407C, the
CORP is found to drop with (6.26%) and without (6.64%) internal heat exchanger.

Pottker [72] experimentally studied the effect of the internal heat exchanger on the
performance of an air conditioning system operating with R-134a and R1234yf under the same
operating conditions. For both refrigerants, it was shown that the COP reaches a maximum as a
consequence of the trade-off between increasing the refrigerating effect and increasing the specific
compression work. For a given set of operating condition, the system COP increased with the heat
exchanger up to 18% for R1234yf and 9% for R134a.

Dr. Domanski [73] theoretical evaluated the performance effects that can result from the
installation of a liquid-line/suction-line heat exchanger. The study showed that the benefits of
using the internal heat exchanger depends on a combination of operating conditions and fluid
properties—such as heat capacity, latent heat, and coefficient of thermal expansion—with heat
capacity being the most important property. The impact on COP may be positive or negative for
the fluids that perform well in the basic cycle while the COP typically increases for the fluids that
perform poorly in the basic cycle. Dr. Domanski [74] also compared the above system with two

other novel systems---namely a system incorporated with an economizer and an ejector. The
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results showed that the ejector cycle with a high level of ejector efficiency could reach the highest
COP, while the liquid-line/suction-line heat exchanger cycles had the smallest COP improvement.

Similarly, Mastrullo [75] investigated the effects produced by a suction/liquid heat
exchanger installed in a refrigeration cycle and focused that its use can improve or decrease the
system performance depending on the operating conditions. Specifically, 19 different refrigerants
were investigated, with the evaporating temperature being varied from -40 to 10°C while
condensing temperatures were varied from 25 to 50°C. Eventually, a simple chart was developed
showing the effectiveness of the installation of the heat exchanger for each refrigerating fluid and
specified operating condition.
2.2 Refrigerant Types and Properties

The working fluid used to transfer thermal energy from a low-temperature reservoir to a
high-temperature reservoir is referred to as the refrigerant. There are three different types of
refrigerant that are important for this study. For example, CFC refrigerants are molecules
composed of carbon, chlorine, and fluorine, and they include R11, R12, R113, R500, etc. CFCs
are stable, but they contribute to the destruction of the ozone layer. The HCFC refrigerants are
molecules all composed of carbon, chlorine, fluorine, and hydrogen. They are less stable than CFC
refrigerants, but destroy ozone as well. The HCFC refrigerants include R22, R123, R124, R401a,
etc. A third refrigerant, HFCs are molecules composed of carbon, fluorine, and hydrogen and with
the lack of chlorine, they will not destroy the ozone layer. The HFC refrigerants are widely used
in the application of household refrigerators (R134a) and AC systems (R410A).

The most common refrigerants used early on were ammonia (R717), chloromethane (R40)
and sulfur dioxide (R764), which all have some degree of toxicity and/or flammability. These

refrigerants are called first-generation refrigerants with regards to refrigeration and air
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conditioning applications. In 1928, Thomas Midgley, Jr. of Frigidaire and his colleagues
developed the first commercially available CFC refrigerants, namely dichlorodifluoromethane
(R12), and these chlorinated halocarbon refrigerants represent the second generation of
refrigerants. Nevertheless, the second generation of refrigerants had drawback in that they could
decrease the ozone layer in the stratosphere, which was highlighted in a 1974 paper by two
University of California professors, Frank Rowland and Mario Molina. Replacement HFC
refrigerants, third-generation, were developed following restrictions put into place due to CFC
threats to the ozone layer. Although HFC refrigerants exclude chlorine and have no effect on
stratospheric ozone, they have come under heavy scrutiny because of their global warming
potential. As a newest, HFO refrigerants, which have significantly lower GWP values than HFCs,
are being developed and promoted as alternatives to HFC refrigerants. Considering HFOs can be
mildly flammable, which is an obvious barrier that exists, safety measures must be fully developed
and widely implemented prior to the common use of mildly flammable refrigerants. The U.S.
Environmental Protection Agency (EPA), and Underwriters Laboratories (UL) are working on
coordinated agreements to allow for broad use of these fourth-generation [76]. A survey of the 4
generations of refrigerant can be seen below and then several presently used refrigerant are

introduced in section that follows.

Aim: whatever worked ether,
CO2, NH3, H20, CCla

1%t generation of refrigerant ‘

2"d generation of refrigerant (e.g. R-12, R-22)
> Aim: safety and durability, CFC, HCFCs, NH3,

H2O(up to 1990’s)

3rd generation of refrigerant (e.g. R-
134a, R-410A)

Aim: protection of the ozone layer
HCFCs, HFCs, CO2, NH3, H20H20 (up

to present)

4th generation of refrigerant
Aim: reduce global warming
(future)
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2.2.2

Categories of Conventional Refrigerants Presently Used in 3" Generation (present)
Refrigerant mixture
» Zeotropic: In a state change, such as condensation and evaporation, the temperature
varies, with examples including R404a, R407a, and R410a.
* Azeotropes: They behave like pure refrigerants, with no change in temperature
during the change of state, with examples including R500, R502, and R507a.

Ammonia (NH3) or R717: Dangerously toxic and flammable but no negative

environmental effects and generally used in industry

Hydrocarbons: Common examples are propane (R290), butane (R600) and isobutene

(R600a) with these fluids having good thermodynamic properties but being dangerous

because of their flammability.

Carbon dioxide or R744: This is inorganic, non-toxic, non-flammable, but can be

inefficient from a thermodynamic standpoint depending on application and system

components.

Example Results of a Property Comparison Methodology for R-134a Replacements

(which are well-established compared to R-410A)

R-134a is widely used in many air conditioning and refrigeration systems globally. It does
not contribute to ozone depletion but it has an unacceptable GWP; it is also the first none-
ozone-depleting fluorocarbon refrigerant to be commercialized.

HFC-152a: It is almost a straight drop-in substitute for R-134a with its main drawback being
that it is slightly flammable.

Pure R1234ze is a satisfying option only in reconfigured vapor-compression systems and

as a drop-in if combined with other refrigerants.
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e R-1234yf: Developed by Honeywell and DuPont as a drop-in replacement for R-134a in

vehicles because it has similar properties to R134a, with a lower global warming potential.

The influence of fluorocarbon refrigerants on the global warming has prompted countries

throughout the world to pass legislation preventing or phasing out the use of such refrigerants. In

the EU, regulations have already been enacted to replace R134a in mobile air conditioning systems

by low global-warming potential (GWP) refrigerants, such as R1234yf, which as noted above has

similar thermodynamic properties as R134a in comparison to other environmentally less harmful

candidates.

The feasibility of using new low-GWP as refrigerants replacements for R134a has been

investigated in a number previous studies that can be found in the published literature, shown in

Table 1.

Table 1 A literature review of refrigerant replacement

Katsuyuki Tanaka, Yukihiro
Higashi[78]

coexistence curves near the
critical point of the binary
mixture of R-1234yf and R-
32 were measured using the
visual observation of

meniscus disappearance.

Year Author Scope Results
2010 Katsuyki Tanaka, Different methods In comparison with R-
Yukihiro Higashi[77] used to conducte 1344, almost all thermodynamic
measurements of the properties of R-1234yf are lower
thermodynamic properties of | than those of R-134a.
R-1234yf
2013 Ryo Akasaka, The vapor-liquid The measurements of

the saturated liquid and vapor
densities were made for R-1234yf
and R-32mixtures in the critical
region, and the vapor-liquid
coexistence curves were obtained
for three different compositions.

By the observations of
the meniscus disappearing level
and the intensity of the critical
opalescence, the critical
temperatures, critical densities,
and critical molar volumes was
determined.
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Table 1 continued
Year Author Scope Results
2016 Mota-Babiloni, Investigated if This study collected the
Adrian R1234ze (E) has good most relevant research about
Navarro-Esbrf, environmental properties and | R1234ze(E) thermophysical and
Joaquin can be used in most HYACR | compatibility properties, heat
Molés, Francisco applications. transfer, and pressure drop
Cervera, Angel characteristics and vapor
Barragan compression system performance.
Peris, Bernardo Base on the result, the pure
Verdd, R1234ze (E) is a good option only
Gumersindo[79] in new HVACR systems.
However, when combined with
other refrigerants, the final GWP
value is also considerably
reduced, maintaining efficiency
parameters at levels that allow
them to replace R134a in existing
systems with minor modification.
2017 Agrawal, Neeraj An in-house The zeotropic blend can
Patil, Shriganesh experimentatl test facility of | be acted as drop-in substitute. The
Nanda, Prasant[80] | a domestic refrigerator was cooling capacity of the system
developed to measure the with a blend was comparatively
mixture of R290/R600a more than R134a. The mass of
(50%/50%) as a drop-in refrigerant requirement is
substitute for R134a. significantly lower by using
R290/R600a (50%/50%) as a
refrigerant.
2006 M.Fatouh The possibility of The reported results
M.EI Kafafy [81] using hydrocarbon mixtures | confirmed that the propane/iso-
as working fluids to replace butane/n-butane mixture with
R134a in domestic 60% propane is the best drop-in
refrigerators was evaluated replacement for R134a in
through a simulation analysis | domestic refrigerators under
in this study. normal, subtropical and tropical
operating conditions.
2014 Katare, Pravin K It is important to As a result of the
Kriplani, Vilayat estimate the thermodynamic | analysis in this study, the energy
M [82] properties of working fluids efficiency of HFOs is low,
for simulation and efficient mixtures of medium GWP fluids
operation of thermal systems | such as R32 and low GWP
such as refrigerators and its refrigerants such as R1234yf may
performance. be the working fluids of choice in
the immediate future.
2014 Sah, Ramesh P A simple vapor R290 has the lowest
Das, Ranadip K compression refrigeration pressure ratio and the highest
Tiwari, Vidhika system was studied with cooling capacity for an entire
[83] refrigerants, R134a, R143a, range of evaporating temperatures

R152a, R290, and R32.

from -10 to 4 °C and condensing
temperature from 40 to 54 °C.
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3. PURPOSE AND OBJECTIVES

The purpose of this study was to develop an optimization methodology based on studying
the effect that refrigerant properties have on reconfigured residential air-conditioning systems with
an emphasis on maximizing system performance.

Research objectives:

Identify and evaluate the efficiency of 4" Generation Refrigerants with a focus on
improving vapor-compression system performance to facilitate the switch-over to replacement

refrigerants:

e Step one—identify possible replacement refrigerant types---use property comparisons
e Investigate cycle performance improvements (COP ratios) for various reconfigurations---

using COP ratios, climate zone models and conclusions

Different approaches to improve
vapor-compression system
performance

Investigate various Investigate
refrigerant types reconfigurations

Fundamental research questions being addressed:
e How cycle performances vary when different refrigerants are used in the same vapor-

compression system (based on property and condition comparison)?
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*need to identify replacement refrigerants to be evaluated for different

configurations

How much can cycle performance be improved for four different categories (6 different

cycles) of reconfigured systems?

Property comparison
between different
refrigerants

Thermodynamic
properties

Transport
properties

Introduction
System
Reconfiguration
Evaporative
Reconfigured with coaling
ERV or HRV for a
DOAS

Use condensate water to
cool refrigerant from
condenser
Internal Heat
Exchanger
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4. PROPERTY COMPARISON

The overall performance of a refrigeration system is dependent on the thermodynamic and
transport properties of the working fluid, which directly affect component performances, such as
energy transfers in the heat exchanger (heat transfer coefficients) and pressure drops in the piping
systems (friction factors). As noted earlier, one approach to selecting a replacement refrigerant for
R-134a and R-410A is by forming and evaluating property ratios and by knowing property trends
that can increase overall and component performances.

4.1 Thermodynamic Property Comparison

Thermodynamic parameters and properties are particularly important because they
determine state points, in addition to affecting component performance. Specifically, one would
desire expect that the P and T values on state plots be as close as possible for the conventional and
replacement fluids especially for the same application. Listed below are thermodynamic properties
whose ratios are proportional (or inversely proportional) to system and component performances.
 Saturation pressure: Pg,;

*  Liquid density: p¢

* Vapor specific volume: v,

* Velocity ratio comparison

*  Specific heats: C,

» Liquid and vapor enthalpy effects
a. Saturation Pressure ( same temperature):
» Effects pipe pressure and joint strength
b. Liquid Density

» Effects pipe fluid velocity, heat transfer, and pressure drop
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c. Vapor Specific Volume
» Effects pipe fluid velocity, heat transfer and pressure drop (see item d. below)
d. Velocity ratio Comparison- the ratio of vapor-to-liquid velocity during phase change

* For the same mass flow and tube:

Vy _p

1
= — V
Vi Pv P1 Vv

Effects pressure drop and heat transfer during phase change

e. Specific heats

The effect is on Pr= % which is proportional to the convective heat transfer

coefficient.
f. Liquid and Vapor Enthalpy effects (most important)

* “enthalpy of vaporization,” hs,

Effects, cooling capacity - rithg

Thermodynamics Comparison between R-134a and R-1234yf In this thesis, the high-
side (condenser) temperature is set as 30°C and the low-side (evaporator) temperature as -20°C,
for both R-1234yf and R-134a. At -20°C, the saturation pressure of R-1234yf is 13.6% higher than
that of R-134a, which is 150.9 kPa to 132.8 kPa, respectively. However, at 30°C, the saturation
pressure differences between the two kinds of refrigerants decreases to 1.7%, which is negligible.
Refrigerant saturation pressure also affects pipe pressure and joint strength. Liquid densities for
R-1234yf are 9% to 10% less than R-134a. Additionally, liquid density is a parameter that affects
pipe fluid velocity, heat transfer, and pressure drop. R-1234yf has a 14% to 22% smaller specific
volume than R-134a. Similar to liquid density, vapor specific volume is also a parameter that

affects fluid pipe velocity, heat transfer, and pressure drop.
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4.2 Transport Properties
Similar to thermodynamic properties above, transport properties are presented below.
* Viscosity : uy , Ur
» Thermal conductivity : k, , K¢
* Prandtl number : Pr, , Pr¢

a. Viscosity

»  The effect is on pressure drop ( friction factors and Reynolds number)

* Reynolds number ( Re= :—11 ) is inversely proportional to viscosity

«  The friction factor is inversely proportional to Re®2>

 Reynolds number affects Nusselt number (proportional to Re®8 )

The effect is on heat transfer coefficient

b. Thermal Conductivity

Effects heat transfer

. Prandtl number

(@]

... . ucC
The definition is Pr = Tp

. . P C
Refrigerant ratios: R = 1224/ — (k1) (Zp1y (k2
Prizsq(2) H2 Cp2 kq

1
* Prandtl number affects Nusselt number ( proportional to Pr3 )

Transport Properties Comparison between R-134a and R-1234yf The effect of specific
heatison Pr= % , Which is proportional to the convective heat transfer coefficient. For R-1234yf,

the specific heat of the liquid phase is 6.7 to 5.5% lower than that of R-134a, and the specific heat
of the vapor phase is 3.8 to 1.9% higher than that of R-134a. As a result, liquid R-1234yf has less

heat transfer while vapor R-1234yf has greater heat transfer compared to that of R-134a. Enthalpy
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IS 4 to 6% less for liquid R-1234yf while 13 to 16% less for vapor R-1234yf compared to that of
R-134a. The most important thermodynamic property effect is liquid and vapor enthalpy. The
enthalpy of vaporization-- h¢, , for R-1234yf, is 18% less than that of R-134a at all temperatures.
Moreover, according to the definition of cooling capacity--rhg, , we can conclude that the R-
1234yf cooling capacity is 18% less than that of R-1342 for the same mass flow rate or the R-
1234yf mass flow rate is 18% larger than that of R-134a for the same cooling capacity.
Compared to R-134a, liquid viscosities of R-1234yf are smaller by 17 to 18%, however,
vapor viscosities are larger by 0.2 to 2.5%. As noted earlier, viscosity affects pressure drops,

friction factors, and Reynolds number as well. According to the definition of Reynolds number,

Re= ;—; , the Reynolds number is inversely proportional to viscosity. Thus, for the liquid phase of

the refrigerant, the Reynolds number is 18% larger for R-1234yf compared to R-134a. Friction
factor is inversely proportional to Re®2° | resulting in R-1234yf having a 4% smaller pressure drop
for the same liquid flow rate. Moreover, Reynolds numbers affect the Nutsselt number, which is
proportional to Re®8. As a result, the Nutsselt number is 14% larger for R-1234yf compared to R-
134a. For R-1234yf compared to R-134a, liquid thermal conductivities are 20 to 22% smaller and
vapor thermal conductivities are 23% to 25% smaller. Because of the lower liquid thermal
conductivity, the heat transfer of R-1234yf will be reduced compared to that of R-134a. Besides
thermal conductivity, other properties effect on heat transfer can be seen in Eqgn (2). In fact, the
three effect on heat transfer can be observed by forming R-1234yf to R-134a heat transfer ratios,
namely R ratio. As an example, the liquid ratio is R¢ = (0.75)(0.72)(1.23) = 0.7 , while the vapor
ratio is R, = (1.05)(1.03)(1) = 1.08. To summarize, this means that for the liquid phase, the

refrigerant ratio of R-1234yf is 30% smaller while for the vapor phase, the refrigerant ratio of R-

1
1234yf is larger by 8%. Prandtl number affects the Nusselt number, which is proportional to Prs .
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The Nusselt number of liquid phase R-1234yf is 10% smaller than that of R-134a. A
comprehensive analysis between R-134a, R-1234yf and R-1234ze is shown in Appendix B.
4.3 Parameter Comparisons

To evaluate component performance, ratios of two important parameters, namely the heat
transfer coefficient and the pressure drop, are formed from property ratios. One can easily surmize
that selecting a replacement refrigerant that increases heat transfer while reducing pressure drop is
desirable.

4.3.1 Heat transfer coefficient comparison

Nu = 0.023 Re%8pr033 = hTD

1)
In our research, making a comparison of the convective heat transfer coefficient between

two refrigerants, will use Egn (1), where Re = :—; , M= pV% D?,Pr= % By substituting the

Reynolds number and Prandtl number into Egn (1), we obtain Egn (2), which is shown as follows.

_ k pVD, g HCp\0.33
h=0023 % 2205y @)

Assuming the same velocity, the ratio of refrigerant B to refrigerant A is defined as:
ha _ ka Pay0.8 /M B\0.8 (Hay0.33CPAy0.33kBY0.33 _
R o Rl G R G R G

hg kg °p
) . (©)
XAN0.67 (PANO.8 (*BY0.47 [LPAN0.33
el R GO G
Assuming the same cooling capacity, yields
Q = AGhy, (4)
v ©)

Ga hng

The ratio of refrigerant B to refrigerant A is then defined as:
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hg _ ks hrgay08Hay0.8 #BY0.33 CPBy0.33 kay0.33 _
= B QLo iay00 (k)03 o33 Ly

(6)

(k_B)0.67 (m)o.s (H_A)0.47 (CLA)0.33

4.3.2 Pressure drop comparison

The pressure drop through a piping system is defined as AP = fD V2 , Where p is the
density of the fluid, V is the average velocity in the pipe, fy is the friction factor from the Moody
Chart, L is the length of the pipe and D is the pipe diameter.

For laminar flow, f, = 93%° when Re< 20000

025

For turbulent flow, f, = —=>* when Re>20000

025
%4
where Re= 222

Assuming the same velocity, results in

APg_pg®25 p,025 PE _ug%25 pg07s (7)
AP 4 _“Ao.zs pB%25 pa qu 25 075
While assuming the same cooling capacity results in
0.25 1.75 0.25 1.75
APp_pg° > Gp "> pa _pB > hfga " pa ©)
1.75

AP4 pa%25GoM75 pp na025 hfgB™"” PB
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5. RECONFIGURED SYSTEMS

Promising refrigerant candidates were identified by screening for properties, then
compared to R-410A in the proposed evaporative cooling systems. Two reconfiguration
approaches were investigated to improve the performance of a conventional vapor-compression
system: Approach A (Indirect) and Approach B (Direct). Four cases using these two approaches
were considered:

Approach a example:

A. Install evaporative cooling with external water (A1) and internal water (A2) at condenser air
inlet
B. Install HRV (B1) or ERV (B2) units at evaporator inlet (DOAS)
Approach b example:
C. Use evaporator condensate water to cool refrigerant exiting the condenser
D. Configure an internal heat exchanger (liquid-line and suction-line heat exchanger)—transfer

refrigerant energy from high to low side

5.1 Evaporative Cooling Reconfigured System (Al and A2)
5.1.1 Evaporative Cooling History and Category

Evaporative cooling has been used since ancient time, and it can be used independently in
some applications or combined with other systems. For instance, zeer pot is an evaporative cooling
device commonly used in rural Africa and the Middle East, utilizing earthenware pot, lined with
wet sand, contains an inner pot within which the food is placed. With cool air and good ventilation
conditions, the interior of a zeer pot can chill down to nearly 40 °F.

Basically, there are simple ways to implement evaporative cooling: directly evaporative

precool the cooling air before it goes through a condenser; flood water over the condenser coil
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while air is blown through it. Also, evaporative precoolers and evaporatively cooled condenser
coils are the most commonly used technologies in the evaporative cooled residential condenser
market.

This study is focused on evaporative precoolers using condensate water from the
evaporator or external water. There are two kinds of precoolers---direct water-injection system and
indirect water-injection systems. In the direct water-injection system, pumps and nozzles are used
to spray water into the incoming air stream, where it evaporates, cooling the air before it enters the
condenser. Indirect water-injection uses a cooling mesh that water is sprayed onto, when the air
passes through the mesh, it is cooled before it reaches the condenser. Using the direct method may
lead to fouling deposits as a result of the salt content of sprayed water and eventually corrode the

coil; however, using condensate would avoid this problem.

5.1.2 System Description

For this study, 100% outdoor air is utilized, which means that the outdoor air is both the
heat source and heat sink. Energy is removed from the outdoor air in the evaporator as the air is
dehumidified and cooled. Next, this energy plus that of the compressor work is rejected to the
outdoor air in the vapor compression system condenser. An advantage of the 100% outdoor fresh
air application is that the analysis is simplified by having only one set of conditions.

By installing an evaporator cooler upstream of the condenser, shown in Figure 8, water is
used to precool the outdoor air before it enters the condenser, resulting in a lower refrigerant
condensing temperature. With externally sourced water, it is can achieve the wet-bulb condition,
which corresponds to the lowest possible condenser air-inlet temperature. With internal water,

where the condensate from the evaporator is used for precooling, both the degree to which
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evaporative cooler can reach the wet-bulb temperature and the amount of condensate are dependent
on the outdoor air temperature and relative humidity. Therefore, the internal condensate collected
for a specific outdoor air condition may or may not be sufficient to achieve a fully wet-bulb
condition.

Scenario Al (externally sourced cooling water), is shown in Figure 8, with the outdoor air
leaving the evaporative precooler being fully saturated to the wet bulb temperature. Figure 10
shows that the lower outdoor air wet-bulb temperature, leads to an even lower condensing
refrigerant temperature for scenario Al. Thus, the refrigeration effect increases while specific
work decreases as compared to the case without evaporative cooling, shown in Figure 12. The
COP of this system should be the largest of the three scenarios due to the energy transfer and the
lowest heat-sink temperature. While the performance of systems using only external water and
those that use combination of internal and external are the same, there could be significant water

savings achieved by supplementing with internal water.

bt S, -} External water A1

H Internal water A2
QOutdoor air ' Cooled Air Condenser Exhaust to :
intake Evaporative . Ciutg oor .
Cooler ] |
A 1
1
3 Refrigerant 2 |
1
1
— 1
Expansion [ — :
valve Compressor Pivf :
Evaporator -I :
1
4| Refrigerant/ : 1 1
1
Outdoor air 1
intake Moist Afr Supply air :
—'—'—ﬁ —-—r—h
1 1
— — Air 1 :
Refrigerant : Condensate i
_____ Internal water 1 water |
"""""""" External water '———--D‘Q:l——————————————"

Figure 8 Schematic of the vapor-compression refrigeration cycles with evaporative cooling
(external source and internal source) of the condenser-inlet air
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In scenario A2, a conventional vapor-compression cycle is reconfigured with an
evaporative precooler before the condenser using only internal condensate water. As the humidity
ratio of the outlet air is lower than that of inlet air in the evaporator, condensate water is formed
and collected. This condensate then goes to the evaporative precooler to dehumidify and cool the
outdoor air, as shown in Figure 10. In some cases, the internal condensate water is not sufficient
foto saturate the outdoor air to the wet bulb temperature, which corresponds to the lowest possible
condenser air-inlet temperature.

5.1.3 Proof-of-concept for a Reconfigured Cycle Higher Efficiency

A proof-of-concept is presented here to validate and support the approach to increase cycle
performance by reconfiguring a vapor-compression cycle to evaporatively cool the outdoor air that
is supplied to the condenser. This proof-of-concept is achieved by presenting explanations and
descriptions of a typical vapor compression cycle compared to the reconfigured one. Also, the
order-of-magnitude difference in performance parameters is identified. The next step after this
validation of the approach to increase cycle efficiency is to quantify the performance increase by
performing a detailed analysis in the section that follows.

The proof-of-concept states by increasing that system cooling capacity or evaporator heat
transfer rate are the same for all three scenarios, namely A through A2, with the air-side being.

Qae=Mge (haci-haco ) (9)

Moreover, then dividing by the mass flow rate of air in the evaporator, resulting in
dae = haei — Paeo (10)

Because the objective of the vapor compression cycle is to cool air, then it is necessary to
compare all three scenarios namely A through A2 by performing the same cooling task for the
same conditions. In other words, the outdoor air entering the evaporator regardless of its dry bulb

temperature and relative humidity is cooled and dehumidified for all 3 cases to the same
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temperature of 45 °F which is an assumed value, representing the real-world application. Therefore,
values of the air-side inlet and exit enthalpy shown in the above equation are the same for all three
scenarios.

The air-side and refrigerant-side heat transfer water, which are the same as cooling capacity,
are equal to each other as follows

Qre=y (Ryei-Preo )= Qae (11)

As will be shown and explained later, the refrigerant-side mass flow rate differs from
scenario to scenario because the entering and exiting enthalpy are different, under the case of the
air-side.

Of special importance, the three scenarios result in different values for the refrigerant-side
compressor work because the high-side refrigerant pressure that affects compressor work changes
as the air-side temperature of the condenser change because of the use of an evaporative cooler.
These differences in the compressor pressure and work can be better understood by focusing on
the condenser-side inlet-air temperatures (T,.;) for the 3 scenarios, with a magnitude order as
followed,

Taac > Tazac > Tarac 12)

Scenario A as representing outdoor air being delivered directly to the condenser is the
highest while scenario A1 and A2 have a lower temperature approaching the wet bulb condition
because the air is evaporatively cooled. The above air-side temperature magnitude order is
repeated for the condenser refrigerant-side (“a”) saturation temperature as follows

Tarc > Tazre > Tarrc (13)
which is, in turn, determining the compressor outlet pressure magnitude order that is

essentially based on the refrigerant saturation temperature order of
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Parc > Pazrc > Parrc (14)

With the result that the typical vapor-compression cycle without the evaporative cooler has
the highest pressure.

Continuing the parameter order of the scenarios and the effect that one parameter has on
the other, the magnitude order of the pressure rise across the compressor follows, assuming that
the inlet pressure to the compressor is the same for all 3 scenarios,

APpre > APyzrc > APpayc (15)
which indicates that evaporatively cooling the condenser can reduce the pressure rise
across the compressor. Even though the refrigerant cycle compressor work is not directly
proportional to pressure rise because the process is irreversible and the refrigerant gas is
compressible one can say in a general sense that more work is required to compress the gas to a
higher pressure compared to a lower pressure. So that the compressor specific work magnitude
order follows the pressure rise order as follows
War > Wazr > Warr (16)

The above magnitude order for the three scenarios has now been established with the
baseline refrigerant cycle (scenario A) requiring more work than the two evaporative cooler
scenarios. This order is important because it affects the order of the three cycle performances
regarding the COP increasing its magnitude with the addition of the evaporator cooler. The COP
performance parameter is especially important because it motivates this study, also provides
observing how COP is affected by changes in other parameters and insight into how the
evaporative cooler upstream of the condenser improves cycle performance and reduces energy

consumption.
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The vapor-compression cycle performance is directly related to the value of the coefficient
of performance (COP), which is defined as the ratio of useful energy and energy usage or the ratio
of cooling capacity and compressor power. Either way, the result is as follows

COP=Q,,/W. 17)

Because cooling capacities are the same for all three scenarios, operating with the same
outside air condition, then the heat transfer rate into the refrigerant flowing through the evaporator
is the same for all of the scenarios. However, the energy transfer per unit mass into the refrigerant
may not be equal. To show the magnitude order for three scenarios, one can replace the rate value
for energy transfer in the COP with specific values per unit mass as follows

W,=ni, wy (18)
and
Qre = My Gre (19)
So that compression work and evaporator energy become:
w,= W,Ini, (20)
And
re = Qre/My (21)
With the final result for the COP being

COP=q,../w, (22)

As noted previously, the specific work for the compressor decrease with evaporative
cooling from scenario A through C so that the inverse of each work, which is proportional to COP,

is as follows,
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1 1 1

(23)

WAlr WAzr War

All of the specific energy transfer in the evaporator, g, , were the same for each scenario
then the COPs would be ordered as follows
COP4, > COP,, > COP, (24)
However, a complicating fact is that the unit energy transfer on the refrigerant side of the
evaporator is not equal so that
Qare # Qazre # Qaire (25)
The state exiting the evaporator (i.e., entering the compressor), for all scenarios is the same
based on assuming a fixed condition saturated vapor and evaporator saturation temperature and
pressure, but the refrigerant state entering the evaporator, namely h,.; is different from scenario
to scenario. Specifically, the reason for this difference, even for the same cooling capacity, is that
the refrigerant temperature exiting the condenser is different for each scenario, meaning that the
refrigerant state exiting the condenser (i.e. entering the expansion device) and then entering the
evaporator on the refrigerant side is different for each scenario. Observations of the process on a
Ts diagram or Ph diagram shows the following scenario magnitude order,
harei > hazrei > haire (26)
which measure that the evaporative cooling reconfiguration. Therefore, for a fixed

evaporator outlet state for all three scenarios, magnitude order for the enthalpy difference, namely

Ahre = hyeo = hre @
which represents unit energy transfer, g, is as follows
Ahyqy > Ahyyy > Ahy, (28)
So that the specific energy transfer to the refrigerant in the evaporator is
Gaire > Gazre = Qare (29)
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which essentially means that the evaporative cooling effect on the cycle is to increase the
results for a unit mass of refrigerant flowing into the system to transfer heat. It would thus appear
from the above that the COP of the baseline vapor compression cycle can be improved by
decreasing the air heat sink temperature (or decreasing the high-side refrigerant temperature) with
the installation of an air-side evaporative cooler upstream of the condenser as the result of two
effects with one being more obvious than the other. The obvious effect is increasing the COP as
the result of decreasing the specific work required by the compressor where the less obvious effect
is because the cooling energy transfer per unit also increases. In other words, the COP increase
due to decreasing the pressure rise of the compressor is more easily observed than the second effect
of increasing the enthalpy change across the evaporator on the refrigerant side.

Another view of the above duel effects is that for a large evaporator enthalpy change, as
the result of the evaporative cooler reconfiguration, then a smaller refrigerant mass transfer is
needed to achieve the same cooling capacity, and as a result the lower refrigerant mass flow rate
reduces the compressor power even more than the specific work reduction caused by, the lower
compression pressure rise.

The reduction in compressor work with evaporative cooling for the same cooling capacity
can be determined by the following several steps presented below focusing only on the two
extreme scenarios of A and Al means air at the dry bulb temperature and wet bulb temperature
entering the condenser, respectively, and recalling that the cooling capacity is,

Qar=Qa1r (30)

So that

mAr Qare :mA 1r 9aire (31)

And
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mAr AhArezrhAlr AhAlre (32)

As noted before, the enthalpy change through the evaporator is larger for scenario C with
evaporative cooling causing a reduction in the condensing refrigerant temperature, which in turn
decreases the enthalpy entering the evaporator, so that

Ahyyre > Ahyy, (33)

Moreover, as a result, the refrigerant mass flow rate required for the typical system is higher

than that of the reconfigured cycle
Mgy >My1y (34)

, Which can then be applied to the compressor power. Recalling for compressor power, of

special importance, this difference is mass flow rate along with
Wy =tiar W (35)
Wa1r=ta1r Warr (36)

Moreover, considering the effect of both mass flow rate and specific work regarding

enthalpy with the latter, and being smaller for scenario Al as follows

War > Wy1r (37)

Then the result as follows is that compressor power for scenario A is larger than Scenario
Al

mAr War >mA1r Wa1r (38)

And
Wr > Wy (39)

Instead of using “greater than” equations for parameters, one can also form ratios shown
as follows
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Yar 51 (40)

WA1lr

lﬁé1.>1 (41)

Mma1r

So that A~ >1

Alr

Moreover, by representing a power ratio in terms of mass flow rate ratios and specific work
ratios as above, it is easier to see how scenario A compressor power compares to scenario Al (and
by inference scenario A2).

This ratio approach can also be used to show how COP s are affected by reconfiguring a
vapor compression cycle with an evaporative cooler (i.e., different scenarios), especially because
all three scenarios have the same cooling capacity.

Forming a COP ratio as follows,

COPAl_ W.Ar QA.lre

= (— - 42
COPA WAlr)( QAre ) ( )

Moreover, with the last ratio or term being unity, (i.e., equal cooling capacity) so that
COPy, _ W.Ar (43)
COPy Wy,

Because the scenario A to A1 compressor power ratio is greater than unity, then the COP

ratio is greater than unity meaning that

COP 4,
So that
COP,,>COP,, > COP, (45)

The above analysis provides an understanding of how each parameter affects other

parameters and proves a validity that reconfiguring a baseline vapor-compressor cycle with a
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condenser inlet evaporative cooler increase the cycle performance. However, of special importance
is quantifying this performance increase or COP increase for different outdoor conditions, namely
dry bulb temperatures and relative humidities, which is the subject and focus of this study. A
section that follows a detailed model, both refrigerant, and air-side, is formulated for both a typical
vapor compression cycle and one that is reconfigured with an evaporative cooler to reduce the
temperature of the outdoor air entering the condenser. This model is then solved for a variety of
outdoor conditions and COPs are tabulated, graphed and compared to different scenarios.
5.1.4 Model Development and Formulation

To calculate the critical refrigerant cycle performance parameters, such as the refrigeration
cooling effect, the compressor work, and COP, it is necessary to specify or determine the
thermodynamic state properties of the cooling refrigerant at each point in the vapor compression
cycle. To accomplish this, it is also necessary to know the state properties and flow conditions of
the moist air entering and leaving the evaporator and condenser, along with the condition of the
condensate draining from the air-side of the evaporator. Therefore, determining the performance
parameters, such as COP, that will allow for evaluating the effect of the upstream evaporative
cooler requires developing, deriving, and solving four separate models, namely: 1) moist air
properties 2) condensing refrigerant temperature calculation 3) evaporative cooling process 4)
vapor-compression refrigeration cycle.
5.1.4.1 Moist Air Properties

An accurate method to calculate the moist air properties of the air entering and exiting the
heat exchangers is especially important for the evaporator and the evaporative cooler because the
internal water that condenses and drains from the evaporator is used in the evaporative cooler,

which is a major focus for this study. As a start, the following equations (R.G.Wylie & T.Lalas)

57



can be used to determine the saturated water-vapor pressure for the outdoor air at dry-bulb

temperatures that are within the limits of the earth's climate.

P, = 610.78 exp [(—2—) x 17.2694] (46)

db +238.3
In this equation, the water-vapor saturation pressure, P is in units of pascals and the dry-
bulb temperature tqpis in degrees Celsius.
Next, the moist-air humidity ratio, w, defined as the ratio of water vapor mass to dry air
mass can be determined from a relationship that is easily derived from the ideal gas assumption

and ideal gas equations to both dry air and water vapor:

w=0.622 —2— (47)

Ptot—Pv

where P, is the actual water vapor pressure and py.. IS the total air pressure or in the case
of outdoor air, the atmospheric pressure.

Another important moist air parameter used in this study is relative humidity, RH, because
outdoor air is typically defined by not only the dry-bulb temperature but also by a value for relative
humidity. This relative humidity (RH) is defined as follows: the ratio of the actual water-vapor

pressure, B, to the saturated water-vapor pressure, P;, which was found from Eqn 46.

RH=> (48)

As one can see, the above three equations can be rearranged and combined to determine
the various parameters and properties of the moist air for any state or process. Specifically, for this
study, this moist air model can be used to calculate the amount of condensate formed in the
refrigerant system evaporator and, for the case of an evaporative cooler, the outlet state when liquid
water is added to the flowing moist- air stream entering the condenser.

Once the moist air properties and state are known, then the moist air enthalpy can be

determined. Moist air enthalpy is a particularly important parameter because it is a major
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component of the energy balance equation as written for the two HXs, regardless of the dependent
parameters of interest. Therefore, knowing that the moist air is at the dry-bulb temperature and has
a humidity ratio w, then the enthalpy of moist air, in terms of dry air mass, kJ/kg, can be calculated
as follows:
h=h,+wh, (49)
The enthalpy of dry air in kJ/kg, at any temperature (t), between O and 60 °C is
approximately:
h, =1.007t - 0.026 (50)
and at the same temperature the enthalpy of water vapor is:
hg = 2501 + 1.84t (51)
Combining the above terms and inserting dry-bulb temperature result in moist air enthalpy
in terms of energy per unit dry air mass, kJ/kg,
h=1.007 tg,-0.026+ w [2501 + 1.84tg4] (52)
5.1.4.2 Condensing Refrigerant Temperature Calculation
In order to calculate the significant refrigerant cycle performance parameters, it is
necessary to know the condensing refrigerant temperature. As a start, the following paragraphs
will introduce the assumptions and temperature calculations in the evaporator.
Refrigerant and Air Temperatures in Evaporator As several outdoor air conditions
and evaporator outlet temperatures are fixed, the enthalpy change through the evaporator is known
as follows,

Ahe = hgei-hgeo (53)
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As shown in Figure 13, another assumption is made that the evaporating refrigeration
temperature is 10°F lower than the evaporator outlet air temperature, which is expressed as
followed,

T1=T,e0-10 (54)

P=Const

Qutdoor air

Figure 13 Evaporator outlet temperature difference of two streams

Energy balance equation By using the thermodynamics first law, considering the whole
vapor-compression refrigeration system as a control system, as shown in the figure below, the
energy transfer in equals energy transfer out,

Qin=Qout (55)

Also, energy transfer in the system is the compressor work (V'Vcomp) plus the cooling
capacity of the evaporator and energy transfer out of the system is the heat rejection of condenser

(Q.), which vields,
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Qc=Qe *Weomp (56)
Heat rejection of the condenser, Q., was calculated by Eqn (57)
Qc=thycAhe = hye Cp AT, (57)
where 1, is the air mass flow rate in the condenser, Ah. is the enthalpy change of air
across the condenser, C,, is the specific heat capacity of air, AT, is the temperature change of air
across the condenser.

The cooling capacity, as discussed in the previous part, is expressed as

Qe:mae Ahe (58)
The air conditioner COP is expressed cooling capacity, Qe over power
consumption Weopmp, @s follow,
_ Qe
COP=—— (59)

comp

Move the power consumption to the left, yielding

Weomp=zes (60)
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Figure 14 Control Volume of vapor-compression refrigeration system

By substituting Eqn (57), (58) and (60) into equation (56), a final equation is generated as

follows:
tiae Cp A Ty =MgeAh, (1+—) (61)
Where
M, = p cfm, (62)
M = p cfme (63)

The above two equations, Eqn (62) and Eqn (63) are used to calculate the mass flow rate
of air in the condenser, evaporator and one make an assumption that density of air is constant. It
is figured out the cfm ratio in ASHRAE handbook ---cfm value in the condenser is about two and
a half times of that in the evaporator. One can assume that the densities are similar in the evaporator
air and condenser air with the colder air in the evaporator having a slightly larger density.

Therefore, the condenser-to-evaporator mass ratio is about 2.5, meaning that the air mass flow rate
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in the condenser is 2.5 times of the evaporator. A comprehensive table and figure of cfm ratio with
a refrigerant cooling ton and manufacture is listed in Appendix B and C.
Finally, by simplifying Egn (61), the relationship of air temperature change across

condenser (A T,.) is expressed as,

CpATac _Mae g, 1
Ahe  Thac (l+cop ) (64)

After inserting the approximate mass ratio, then the reduced equation is

Ah,
ATy =Toco —Ta = 25C,

(1+COLP) (65)

Refrigerant and Air Temperatures in Condenser As the condenser is the counter-flow
heat exchanger and according to the Second Law, heat flows from high temperature to low
temperature. Thus, the outlet refrigerant temperature of the condenser is greater than the inlet air
temperature in the condenser; one assumption is made that the temperature difference is 30 °F, as
shown in Figure 15,

Ty = Ty + 30 (66)
where T; is the outlet refrigerant temperature of condenser and T, is the inlet air

temperature in the condenser.
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Figure 15 Refrigerant condensing temperature and condenser outlet air temperature

5.1.4.3 Evaporative Cooling Process

The model of the evaporator cooling process is important because it takes into the outdoor
air and then determines the dry-bulb temperature and humidity ratio (namely the moist air state
and properties), that is delivered to the air-side of the refrigerant-cycle condenser. The evaporative
cooling process model for reconfigured system Al consists of 2 processes, namely, 1) heat transfer
between external water and air in the precooler 2) condensing refrigerant temperature
determination. However, for reconfigured system A2, three processes are involved: 1) condensate
from the evaporator, 2) heat transfer between condensate and air in the precooler, 3) moist-air
refrigerant condenser temperature leaving precooler. The process of heat transfer between water
and air in the precooler is quite similar, however, the process of scenario of A2 is much more

complicated than Al.
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5.1.4.3.1 Evaporative Cooling Process for Al
Heat transfer between external water and air in the precooler Heat transfer occurs as
the injected external water gained energy from the outdoor air entering the evaporative precooler
with the energy transfer causing the external water to evaporate and the moist air to cool.
Considering the evaporative precooler as a control volume, there is no heat absorbed or rejected
to the surrounding, which means the heat absorption of the water equals to the heat rejection from
the air, so that
Quw=Qa (67)
where Q,, is the heat transfer to the water
Quw=my, (hre — hfy) (68)
where mi,, is the mass flow rate of water and we assume it is equal to the amount of water
we need to get humidity air from dry-bulb to wet-bulb. h; is the liquid enthalpy of the entering
external water and hy, is the water enthalpy at the exit temperature. It is considered that the
entering external water temperature is identical to evaporator outlet air temperature, yielding,
My, = Mape (Wsat-We ) (69)
Qa = Ma pcCpa(Tape — Te) (70)
where Q,, is the heat rejected from the air, m, pc Is the mass flow rate of air in the precooler,
Cpq Is the air specific heat, T, ,. is the inlet air (outdoor air) temperature in the precooler and T,
is the equilibrium temperature of the air after rejecting heat to the external water and the whole

process along with the control volume is shown in Figure 16.
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Figure 16 Control volume of precooler

Combing Eqn (67) (68) (69) and (70), which yields,
Wsar-We) Cow (Te = Taeo)= Cpa (Tape — Te) (71)
The equilibrium temperature of air in the evaporative cooler could then be calculated, and
it is also known that humidity ratio of air remains constant through heat transfer process. Finally,
equilibrium state point and final state point after evaporative cooling can be determined.
5.1.4.3.2 Evaporative Cooling Process for A2
Condensate from the evaporator Condensate water is generated in the refrigerant cycle
evaporator on the air-side because of the humidity ratio difference between moist air entering and
exiting the evaporator, and it is expressed as follows,
My = Mg e (Waei-Waeo) (72)
where w,,; and w,,, are the inlet and outlet air humidity ratios respectively for the
evaporator, which m; . is the mass flow rate of dry air flowing through the evaporator. This
condensate is then either delivered to the condenser or else discharged out of the system.
Heat transfer between condensate and air in the precooler Heat transfer occurs as the

injected condensate water gained energy from the outdoor air entering the evaporative precooler
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with the energy transfer causing the condensate to evaporate and the moist air to cool. Considering
the evaporative precooler as a control volume, there is no heat absorbed or rejected to the
surrounding, which means the heat absorption of the water equals to the heat rejection from the
air, so that Q,,=Q, and Q,,= m,, (k. — hg;), further resulting in Q, = My pcCpa(Ta pc — Te)- This
process is the exactly the same as that of reconfigured system Al.

It is assumed that condensate water from evaporator which was modeled in another section
can be fully utilized in the precooler; however, in some cases, it is possible that excess water could
be formed that has to be disposed of.

As mentioned above, cfm, = 2.5 cfm, and combing the above three questions, which
yields,

(WaeiWaco) Cpw (Te = Tw)= 2.5 Cypa (Ta pe — To) (73)

The equilibrium temperature of air in the evaporative cooler could then be calculated, and
we also know that humidity ratio of air remains constant through heat transfer process. Finally, the
equilibrium state point can be determined.

Moist-air Refrigerant Condenser Temperature Leaving Precooler In the evaporative
cooling process, the enthalpy of air remains constant, which means the state point moves from
outdoor air to the saturated point along the constant enthalpy line. However, the humidity ratio
increases, the final state being somewhere between the original entering outdoor air condition and
the saturating point, which corresponds to 100% RH with no additional condensate evaporation
and hence a terminal temperature point, which is depending on the amount of condensate water is
generated from the evaporator and how much water is required for saturation. Under this
circumstance, a judgment is necessary to make the facts that determine whether the outdoor air

can reach the saturated state.
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The condensate draining from the evaporator based on the change of the air-side humidity

ratio is expressed as,
My out = Mae (Waei-Waeo) (74)
while the water rejected to the evaporator cooler that in turn evaporate to increase the moist
air humidity ratio, is shown as follows,
My jn = My pe (Wfinal'We ) (75)
where m; . and m, , is the mass flow rate of dry air flowing through the evaporator and
the evaporative cooler, respectively. w, is the humidity ratio of moist-air at equilibrium state after
rejected heat to the water, which remains the same as outdoor air entering the precooler. wy ;g is
the final humidity ratio of moist-air after evaporative coothe ling process, somewhere between
original state point and saturated point.

As noted previously, the flow rate of the condenser air is typically 2.5 times that of the
evaporator in HVAC application. Therefore, with the assumption that dry air density is not a strong
function of temperature so that that flow rates can refer to either mass or volume. Because the
condenser and precooler are in series, the flow rates of dry air through the two components are
equal, meaning,

M, pc=M, (=2.5M, ¢ (76)

Combing the above three equations, the correlation of humidity ratio could then be
simplified as follows, assuming the pro cooler water and evaporator drain water are equal,

If the air will reach saturated state and excess water would be disposed of,

My e (Waei-Waeo)= Mape (Wsar-We ) (77)

By canceling the mass flow rates of both sides, yielding,

(Waei'Waeo) 22-5 (Wsat'We ) (78)
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where wg,; IS the saturated point humidity ratio, then the corresponding dry bulb
temperature to the saturated point is the outdoor air temperature after evaporative cooling.

If the air will not reach saturated state point, which follows the relationship below,

My e (WaeiWaeo)S Mape (WsaeWe ) (79)

By canceling the mass flow rates of both sides, yielding,

(WaeiWaeo) < 2.5(Wsae-We ) (80)

The humidity ratio after evaporative cooling could then be calculated using the following
equations,

M, e Waei-Waeo)= Mape Wrinar-We ) (81)

By canceling the mass flow rates of both sides, which yields

(Waei-Waeo)= 2.5 (Wrina1-We ) (82)
Wrinai=We +0.4Aw; (83)

Then the final temperature of the air can be calculated.
5.1.4.4 Refrigeration Cycle Models
5.1.4.4.1 Overview

Vapor compression refrigeration is the most widely used refrigeration method and as such
is considered to be the conventional approach to cooling and this process is the same for all the
reconfigured systems.

The vapor compression cycle performance as measured by its COP is the primary
parameter for determining the effect of installing upstream of the condenser the airside evaporative
cooling unit that uses internal water from the system evaporator. As mentioned previously, the
effect of this evaporative cooler on the refrigeration cycle is to change the high-side condenser

pressure and temperature. Other than changing the refrigerant state points, the refrigerant cycle
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model for the case with and without the evaporative cooler is the same, meaning all refrigerant
components and their refrigerant-side models are unchanged for the two situations.
5.1.4.4.2 Component Models Assumptions

The theoretical refrigeration cycle modeled for this study is based on the following
assumptions:

1. The isentropic efficiency of the compressor is 80%

2. Pressure drops in the condenser and evaporator are neglected.

3. The Kkinetic and potential energy changes in all cycle processes are neglected.

4. Both the evaporator and condenser HXs are insulated from heat losses and gains to/from
the surroundings.

The four components modeled comprise the refrigerant cycle model, and they are described
below starts at the compressor inlet in the order that they are connected, namely, the compressor,
condenser, expansion device, and evaporator.

For the compressor process, the compressor efficiency is important and defined as:

_(has—hy)
L (hz—hy) (84)

where h,¢ is the isentropic enthalpy of refrigerant from inlet condenser while h, is the
actual enthalpy of refrigerant from condenser inlet and h, is the enthalpy of refrigerant from
evaporator outlet. Once the isentropic efficiency is known, then the equation can be used to find
h, from entering condition and exit condition.

Because the compressor increases the pressure of saturated vapor exiting the evaporator to
a more heated state, then the specific work done during compression, which is essential for the
CORP calculation, is determined as follows

W=h,-h, (85)
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The superheated refrigerant gas exiting the compressor then loses heat to air-side cooling
as it passes through the condenser at a constant high-side pressure, assuming the exit is either a
saturated or subcooled liquid state. The specific heat transfer in the condenser in terms of the
refrigerant-side enthalpy is given by
qc=hs- h; (86)
h3 is enthalpy of the refrigerant at condenser outlet.
Refrigerant exiting the condenser passes through the thermal expansion valve to the low-
side pressure, assuming a constant enthalpy process, where it then enters the evaporator,
hs = h, (87)
Liquid refrigerant entering the evaporator absorbs heat at a constant low-side pressure from
the air-side that is being cooled. The refrigerant state exiting the evaporator after the liquid has
evaporated is either a saturated vapor or a superheated vapor and the refrigerant-side heat transfer
is given as follows
qe=hi- hy (88)
where h, is the enthalpy of the refrigerant at the evaporator inlet.
5.1.4.4.3 The Coefficient of Performance
The coefficient of performance (COP), defined as the ratio of cooling capacity to work
input, is often used as a measure of cycle performance and is the parameter of interest in terms of
evaluating and analyzing the effect of adding the evaporative precooler. For the vapor-compression
cycle in this study, an assumption is made that the only input or output is the net input to the
compressor that the cooling capacity is the total heat transfer to the refrigerant side of the

evaporator from the moist air being cooled. Therefore, the defining equation is shown as follows,

COP= Qevaporator :1:’11— h3 (89)

compressor W h2—hj
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In preparation for introducing a percent performance change parameter, the COP,..f is
calculated without evaporative cooling, namely a typical cycle of the baseline case (scenario A),
while COP is calculated with evaporative cooling utilizing either internal water or a combination
of internal and external water, which are scenarios B and C, repectively. The COP% is the COP
percentage difference between scenario B or C (COP) and scenario A ( COP,.f), Which
reconfiguring a vapor-compression allows for one to analyze the utility of the cycle with an

evaporative cooler, is defined as follows,

COP—COPyer
COPTef

COP%= (90)

Carnot refrigeration cycle The Carnot refrigeration cycle, which is also called a reverse
Carnot cycle, is an ideal or theoretical thermodynamic cycle based on all processes being reversible,
and it is the most efficient cycle for transferring thermal energy from a low to high-temperature
reservoir, even though it is an ideal impractical cycle. Furthermore, all processes within this cycle
are internally reversible, so that heat transfer is assumed to occur when there are no temperature
differences. Also, there are no external irreversibilities. The Carnot COP can be determined based

on the second law and calculated as follows,

TL

COPcarnot = Ta—Tp

(91)

where Ty is the high-side temperature (i.e. condenser) and Ty, is the low-side temperature
(i.e.evaporator).

A comparison between a vapor-compression cycle and the idealized Carnot refrigeration
cycle is necessary, and it can be made by forming a ratio of the two as follows, which is called the
refrigerating efficiency,

COoP

= — 92
R = COP 3ot (2)
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An analysis of quantitative values can provide a direction on how to improve the efficiency
of a vapor-compression refrigerant system.
5.1.5 Simulation Input and Output

A comprehensive simulation model was developed and programmed in Engineering
Equation Solver 2016 for a vapor-compression conditioning system comprising air-to-refrigerant
evaporator and condenser, a compressor, a thermal expansion valve, and evaporative cooler before
condenser. The possible parameters affecting the final results of the model such as 1) outdoor air
temperature (T,) 2) outdoor air relative humidity (@a) 3) air temperature exiting evaporator (Tye, )-
Typical outcomes of the model are 1) specific work (w) 2) refrigerating effect (q) 3) vapor-
compression system coefficient of performance (COP).
5.1.6 Simulation Data Set-up and Overview

In this section, outdoor air temperatures of 26.7, 29.4, 32.2, 35 °C (80, 85, 90, 95°F) and
relative humidities of 40%, 50%, 60%, 70%, 80% over a range of assumed evaporator exit air
temperatures of 7.2, 10, 12.8°C (45, 50, 55°F) with a typical compressor efficiency of 80%.
5.1.7 Simulation Results and Analysis

In this section, two different scenarios, namely reconfigured system Al---external
evaporative cooling and reconfigured system A2--- internal evaporative cooling are investigated
and compared. Each reconfigured system will be compared to the baseline system (system A) with
quantitative analysis. Then further results will be shown that under which condition, internal
condensate will be enough for fully evaporative cooling.
5.1.7.1 Results and Analysis for Reconfigured System Al

In this section, the first step is to investigate Reconfigured system Al alone---how COP

varied with different conditions. The second step is to further evaluate the improvement of
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Reconfigured system Al over the baseline system A and get a comprehensive analysis of how
COP improvement related to different variables. The final step is to build a correlation of
COP/COP ratio with external evaporative cooling related to outdoor air temperature, relative
humidity along with Taeo. Also, a compressive table with all test results would be shown in

Appendix B.

5.1.7.1.1 Scenario Al alone (external case)

In this section, the first step is to study how condenser inlet air temperature after precooling
related to different variables and the second step is to further investigate how modification COP
related to different variables.
5.1.7.1.1.1 Evaporative Cooling Effect

Figure 17, 18 and 19 show the relationship between condenser inlet air temperature after
precooler and outdoor air condition (temperature and relative humidity) under three different
evaporator outlet air temperatures, 7.2, 10, 12.8 °C(45, 50, 55 °F), respectively . Thus, evaporative
cooling effect, which is defined as outdoor air temperature minus condenser inlet air temperature
after precooler, could be seen from the plots as well. Evaporative cooling effect does not change a
lot with Taeo and outdoor air temperature, but significant varies with relative humidity. With the
boosting relative humidity, the evaporative cooling effect is decreasing in that the higher relative

humidity has a higher saturation temperature (wet-bulb) temperature.
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Figure 17 Condenser air inlet versus outdoor air temperature at Taeo=7.2 °C
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Figure 18 Condenser air inlet versus outdoor air temperature at Taeo=10 °C
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Taeo=12.8°C (55°F)
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Figure 19 Condenser air inlet versus outdoor air temperature at Taeo=12.8 °C

5.1.7.1.1.2 Scenario A1 COP Overview

Figure 20 gives an overview of how reconfigured system Al system performance related
to three variables, namely ourdoor air temperatures, relative humidities and Taeo, and it further
shows that COP decreases with relative humidity because with the boosting relative humidity, the
evaporative cooling effect is decreasing, which is discussed in the previous section. Figure 21, 22,
23 and 24 show how COP varies with different Taeo under the same outdoor air temperature, and
it is observed that COP increases with the increasing Taeo. Figure 25, 26 and 27 show how COP
varies with different outdoor air temperature under the same Taeo and these three plots illustrate
that COP decreases with the increasing outdoor air temperature. The trend of COP varied with the

three parameters is further summarized in Table 2.
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Figure 20 COP versus relative humidity at different conditions
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Figure 21 COP versus relative humidity when Tout=80 7
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Figure 22 COP versus relative humidity when Tout=85 7*
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Figure 23 COP versus relative humidity when Tout=90 7
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Figure 25 COP versus relative humidity when Taeo=45 7
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Figure 26 COP versus relative humidity when Taeo=50 7
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Figure 27 COP versus relative humidity when Taeo=55 7"

80



Table 2 COP varied with Tout, RH and Taeo

case Tout RH Tyeo COP with EC
1 T - - l
2 - T - !
3 - - T T

5.1.7.1.2 Compare Scenario Al to Scenario A
5.1.7.1.2.1 COP Improvement Due to Evaporative Cooling Overview

Figure 28 shows the relationship between COP with and without evaporative cooling when
COP ranges from 1 to 10. The highest increase can reach as much as 60%. Figure 29 shows the
same plot but COP ranging from 1 to 4. The greatest increase can reach up to 40%.

cop

10

® Seriesl

5 * diagonal
i 20% difference

60% difference

COP w/EC
o0 e o

0000 ®

1 2 3 4 5 6 7 8 9 10
COP w/o EC

Figure 28 COP with/without external evaporative cooling with the range of 1 to 10
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Figure 29 COP with/without external evaporative cooling with the range of 1 to 4

5.1.7.1.2.2 COP Enhancement Analysis

Figure 30 and 31 give the overview of COP improvement varied with outdoor air
conditions---temperatures and relative humidites, along with different Taeo. It is observed that
COP percentage difference decrease with increasing relative humidity. Figure 32, 33, 34 and 35
show how COP percentage difference varies with different Taeo under the same outdoor air
temperature, and it is further observed that COP percentage difference increase with the increasing
Taeo. Figure 36, 37, and 38 show how COP percentage difference varies with different outdoor
air temperature under the same Taeo and these figures illustrate that percentage difference increase
with the increasing outdoor air temperature. The trend of COP improvement varied with

aforementioned three variables are summarized in Table 3.
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Figure 30 COP ratio (external evaporative cooling/baseline) versus relative humidity under
different conditions
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Figure 31 COP percentage difference (external evaporative cooling over baseline) versus
relative humidity under different conditions
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Figure 32 COP percentage difference (external evaporative cooling over baseline) versus

60%

50%

N
o
X

COP Percentage difference
N w
o o
X xX

10%

0%

relative humidity when Tout=80 7"

x\
)R
A\\\\
AN
SAN
\\\ \
W
\ \
E\\\\
\‘\\\ == =-Tout=85, Taeo=45
\
S
\g\ ==[d=-Tout=85, Taeo=50
DY
N - =X%=-Tout=85, Taeo=55
RS
s
S
Qeﬁ
0.4 0.5 0.6 0.7 0.8 0.9 1

relative humidity

Figure 33 COP percentage difference (external evaporative cooling over baseline) versus

relative humidity when Tout=85 7*

84



60%

50% X

[ORY

3 AN
S NN
5 40% NN
&= \
o \
Q AN Y
2 30% W - & =Tout=90, Taeco=45
= M
3 \é\\\ — B = Tout=90, Taeo=50
3] S\
o 20% \\ﬁ = » =Tout=90, Taeo=55
[a
o N\
O 