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ABSTRACT

Thermally induced failures have long since plagued mechanical
seal users. Over the years these failures have led to the develop-
ment of different flush plan and seal design features that are used
to increase heat transfer from the seal interface. In this paper the
first experimental results for a new mechanical seal design
operating in a pump are presented. In this design a heat sink, con-
sisting of thousands of micron sized cooling pins, is constructed on
the end face of the stationary seal ring just below the sealing
interface. Since the entire heat sink is constructed within millime-
ters of the interface, there is an extremely small thermal resistance
between the interface and the coolant. Two prototype experiments
are carried out; one for dry running conditions at pressure velocity
values of 14.0 MPa m/s (400,000 psi*ft/min) and the other with the
seal installed in a small ANSI water pump operating under dead
head conditions. Results demonstrate that the heat sink is effective
in controlling the seal temperature even under extreme operating
conditions, and providing sealing with no visible leakage.

INTRODUCTION

End face mechanical seals are commonly used in centrifugal
pumps to seal high pressure fluids from the environment. They are
arguably the most unreliable component in processing pumps
accounting for more than 50 percent of all maintenance costs for
some processing units. A conventional mechanical seal is shown in
Figure 1, consisting of a rotating ring that rotates with the shaft,
and a stationary ring that is mounted in the pump housing using a
gland plate as an adaptor. In the most basic design the end face of
the rotating ring is held against the stationary ring by coil springs
and differential hydraulic pressure. Generally, one of the rings is
significantly harder than the other, such that the soft face is the
primary wear surface, however this is dependent on the particular
application. Typical state-of-the-art face material combinations are
silicon carbide versus carbon graphite and tungsten carbide versus
carbon graphite, although other face materials have been used
including nickel resist, cast-iron, lead bronze, and aluminum oxide
ceramic.

Frictional heating occurs at the interface of the seal rings due to
the high rotational speed of the shaft. The heat is dissipated by con-
duction through the seal rings and convection predominantly into
the sealed fluid at the rotating ring outer diameter. Buck (1989)
reported that most of this heat is conducted within a distance of
two radial face widths from the seal interface, although this is
highly dependent on the specific seal ring design. In petrochemical
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Figure 1. Conventional Mechanical Seal with External Flush.

pumps the sealed fluids are commonly hydrocarbons with poor
lubricating properties, which flash to vapor under normal atmos-
pheric pressure and temperature conditions. In general, excessive
heating and/or flashing of the sealed fluid can lead to numerous
reliability problems. These include opening and closing of the seal
faces due to fluid vaporization, oxidizing, or melting of some
carbon graphite fillers, thermal deformation of the seal ring,
damage to the elastomeric auxiliary sealing elements, break down
in fluid viscosity as it crosses the interface, and an increase in
corrosion rates (a 16°F temperature rise doubles the corrosion rate
of most acids) to name a few (Lebeck, 1991). Additional thermal
related reliability problems result from operating errors of the
pump and include dry running of the seal and dead heading the
pump, both of which significantly increase the temperature at the
interface.

In order to overcome these thermal related problems (among
others), conventional seal designs use one of many possible flush
plans per API 610 and 682 specifications. As Figure 1 shows, for
single seals most commonly the flush designs consist of injecting
a fluid radially onto the outer diameter of the seal rings. This fluid
can come from the pump case (API flush plans 11 and 12) or from
an external source (API flush plan 32). Many of these flush plans
incorporate heat exchangers in the flush piping just before the fluid
is injected or circulated back to the seal chamber (plans 21, 22, 23,
and 41). Assuming the pumped product can withstand this
reduction in temperature or that the external flush fluid is compat-
ible with the process fluid, then this arrangement is effective in
many cases. However, this arrangement may be limited in its effec-
tiveness as it acts only on the seal outer diameter and is
concentrated at the flush injection points. To address the second
point, some seal flush designs incorporate multipoint injection of
the flush fluid. Even with this improvement, these seal flush
designs are largely ineffective in cooling hot spots that may occur
on the end face, preventing heat checks that create multiple radial
surface cracks in the wear track, and reducing thermally induced
radial taper (coning) that results from large temperature gradients
in both the axial and radial directions causing thermal distortions
of the seal ring (Lebeck, 1991). Each of these conditions negatively
impacts seal leakage and may contribute to seal failure.

In 1997, Stephens and Kelly (1997) proposed a new approach to
mechanical seal cooling that utilizes a micro heat sink that is fab-
ricated integrally with the mechanical seal stationary ring and
located within microns of the sealing interface. In subsequent work
the first integration of the proposed stationary ring into a seal con-
figuration was completed (Stephens and Kelly, 2001). Figure 2
illustrates the design, which consists of replacing the solid station-
ary ring in the conventional design with a stationary ring that has a
porous section comprising highly structured cooling pins. The
cooling pins separate the “base” of the stationary ring from the
“cover” portion of the stationary ring to form a pin fin heat sink.
An external coolant is then circulated through the gland plate to the
outer diameter of the stationary ring, radially through the heat sink
section exiting at the stationary ring inner diameter, and finally
routed out of the gland. (The actual direction of flow across the
heat sink may be from the outer diameter [OD] to the inner

diameter [ID] or reversed depending upon the specific implemen-
tation.) Note that the heat sink coolant is completely separated
from the process fluid using two O-rings on the stationary ring OD
and ID. This design provides the following advantages:

Figure 2. Proposed Mechanical Seal with Integral Heat Sink.

a) Since the heat sink is completely fabricated in close proximity
to the seal interface it has a significant impact on interface temper-
ature and is capable of interface temperature control;

b) Since the heat sink is distributed across the entire end face of the
seal, the interface is kept at a more uniform temperature resulting
in less thermal distortion and the ability to cool hot spots on the
interior of the end face;

c) In hot applications the heat sink is capable of cooling the
auxiliary sealing devices such as elastomeric O-rings;

d) In applications with low product temperature margins the heat
sink can cool the seal chamber fluid hence increasing the product
temperature margin (PTM) and reducing the tendency for fluid
vaporization;

e) Since the heat sink coolant is completely separated from the
process fluid, it provides temperature control of the seal without
mixing with the process fluid;

f) Since the seal interface is cooled independently of the process
fluid, the pump can run dry for extended periods (limited by wear)
and the seal will still run cool; and,

g) Since the heat sink has a high heat load per unit volume, the
pump can run in the dead headed condition and the seal will remain
relatively cool.

The disadvantages of the proposed design are the potential for
clogging the micro sized cooling channels in the pin fin array, and
the introduction of an additional mechanical failure point into the
stationary seal ring. Previous work evaluated the mechanical
strength and deformation of the pin fins that comprise the heat sink
and found them to be adequately strong for loads typical of
mechanical seal applications (Stephens, et al., 1998; Baker, 2002).
The first prototype seal rings were then fabricated and tested under
frictional and thrust loads using air as the heat sink coolant
(Stephens, et al., 2001; Johns and Stephens, 2003; Johns, 2003).
Those works demonstrated that the heat sink substantially reduces
the interface temperature and can be used for seal temperature
control. Those works also yielded an experimentally validated
thermal model based on thermal resistances. The first experiments
using water as the heat sink coolant quantified the substantial
increase in heat load and cooling capability as one would expect
when using water instead of air (Schneider and Stephens, 2003).
Finally, results from a finite element analysis of the prototype seal
were presented in Kelly, et al. (2001). Those results demonstrated
the ability of the heat sink to cool the seal interface to a more
uniform temperature.

This paper presents the first experimental results for the
prototype mechanical seal in an actual sealing application. The
prototype stationary ring is installed in a 131.536 ANSI pump
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with a single, balanced, shaft mounted seal similar to Figure 2.
Both the fluid being pumped and the heat sink coolant are ambient
water. The pump is cycled through a variety of low flow and dead
headed conditions that vary the temperature and heat load over a
wide range. Various temperatures in and around the seal are
reported along with flowrates and heat generation rates. Although
the interface temperature cannot be measured directly, thermocou-
ples located within 2.54 mm of the interface are used along with a
thermal resistance model to estimate an upper bound on the
interface temperature. The results are then discussed in relation to
some of the advantages listed in a through g above. Finally, a
section is presented on future work for the prototype, which is
focused on the material of construction, where the goal is fabricat-
ing the prototype from silicon carbide, tungsten carbide, and
silicon nitride.

STATIONARY RING FABRICATION

Figure 3 shows a schematic of the prototype stationary seal rings
tested in this paper. As Figure 3a illustrates, the ring is fabricated as
a layered system beginning with a stainless steel base ring
(substrate) onto which a micro heat sink is fabricated. The heat sink
consists of an array of pin fins, as shown schematically in Figure
3b, that separate the substrate from a cover plate creating a parallel
plate micro heat sink with interrupted pin fins. The heat sink is
manufactured using a modified LIGA (a German acronym for the
three step process of lithography, molding, and electroplating)
process initially developed for micro electro mechanical systems
(MEMs) research and modified for this application as detailed in
Harsh and Ehrfeld (1998) and Despa, et al. (1999). In this method,
poly-methyl methacrylate (PMMA), a photo-resist material, is
bonded to a conductive substrate and exposed to highly collimated
X-rays that pass through a mask. The mask conforms to the
required cross-section of the pins that comprise the pin array and
allow the X-rays to selectively pass. The exposed PMMA sheet is
then immersed into a developer that dissolves the irradiated areas to
form a pattern of through holes that match the desired pin fin array
pattern and pin fin cross-section. The PMMA sheet is then bonded
to the stainless steel base ring. The base ring is then immersed into
a nickel sulfamate electroplating bath using an appropriate fixture
such that the voids in the patterned PMMA sheet fill with nickel
plating, forming micro sized pins on the substrate (base ring). A
typical set of pins resulting from the process is shown in Figure 4.
The pins shown are 1000 µm in height with square cross-sections
of 160 µm on each side and on a square array with an edge-to-edge
spacing of 120 µm. In general, pins of any cross-section and any
pattern can be fabricated using this process. Once the voids are
filled and the pins completed, the electroplating process is
continued above the PMMA sheet forming a solid nickel cover
plate, which covers the entire pattern of microstructures (this is
termed overplating). The PMMA is then dissolved, leaving the seal
ring with micro heat exchanger as shown in Figure 5. Note that in
Figure 4 the remains of the PMMA are visible on the edges and the
base of some pins. This PMMA is further processed until it is com-
pletely dissolved. The final step in the process is to spray coat the
end face of the nickel heat sink cover with a 200 µm thick layer of
tungsten carbide (WC). This is done using a commercially available
process and results in a percentage weight composition of 85W-
11Co-4C. This forms a low friction, wear resistant load-bearing
surface to use during prototype testing.

Of course, for most mechanical seal applications a layered and
coated ring is not desirable. There is ongoing work that extends
this process to fabricate heat sink rings directly from monolithic
silicon carbide (SiC), WC, and silicon nitride (SiN). Progress in
this area is briefly discussed later in the paper. The layered proto-
types are useful, however, in determining the thermal performance
of the heat sinks and in identifying design issues for integrating the
heat sink rings into actual seal configurations. The focus of this
paper is on the thermal performance.

Figure 3. Layered Stationary Ring Prototype Studies.

Figure 4. Nickel Pins on a Square Array. (Courtesy Stephens, et al.,
1998)

EXPERIMENTAL SET-UP

Two experiments are conducted on geometrically similar
prototype seal rings. Figure 6 shows the basic geometry for both
prototypes. In each case an antimony impregnated carbon graphite
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a)   Side View of Layered Seal Prototype 

b)   Top View of Hexagonal Pin Array
(Not to scale) 
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Figure 5. Seal Prototype.

rotary is run against the WC carbide end face of the micro heat sink
stationary ring. In all cases the coolant used in the micro heat sink
is water supplied at ambient conditions and circulated from the
outer ring diameter, across the heat sink and exiting at the inner
diameter as indicated in Figure 6. The coolant is collected at the
inner diameter and then flows axially (downward) and exits below
the stationary ring. A simple 1/4 turn ball valve is used to throttle the
coolant flow.

Figure 6. Typical Geometry and Location of Temperature
Measurements.

The first experiment is a high pressure velocity (PV) experiment
with the seal mounted in a thrust washer rotary tribometer. This
experiment is dry running in that there is no fluid being sealed and
the seal is running in ambient air. The detailed geometry of the
prototype used in this experiment is given in Table 1. This
prototype has a relatively small average diameter of 27.1 mm that
makes it more appropriate for high PV tests. The radial face width
of the carbon graphite rotary is 1.55 mm. As shown in Figure 3b,
the pin array is hexagonal on c = 577 µm centers with hexagonal
pin cross-sections of characteristic diameter d = 433 µm. The pin
height is Lhx = 600 µm and the heat sink cover plate is Lc = 3.4 mm
thick. Therefore, the entire heat sink is constructed within 4.0 mm
of the seal interface. This pin geometry results in a total of 1318
pins that support the heat sink cover and act as cooling fins, and
with a wetted surface area to volume ratio of 5500 m2/m3. For this
experiment four thermocouples are used to measure temperature.
Two are located 180 degrees apart in the stationary ring at a
distance of 2.54 mm below the micro heat sink. Two others are
located 180 degrees apart in the rotary at a distance of 2.54 mm
above the seal interface. These thermocouples are shown in Figure

6 as Ts1, Ts2, Tr1, and Tr2 for the stationary and rotating rings,
respectively. A slip ring arrangement is used for the rotating ring
thermocouple measurements. In addition to the temperature meas-
urements the thrust washer tribometer records friction torque,
speed, and applied load as well as the flowrate of the coolant
during testing. This experimental apparatus and the procedures
used are detailed extensively in Johns (2003) and therefore not
discussed further.

Table 1. Geometry for Two Experimental Prototypes.

The second experiment examines the thermal performance and
sealing ability of the seal prototype in a small ANSI pump. The
prototype in this experiment has an average diameter of 44.5 mm
and a radial face width of 3.5 mm. The heat sink again comprises
pins on a hexagonal array with center to center spacing of c = 975
µm. The pin cross sections are 10 sided polygons with a character-
istic diameter of d = 675 µm. This results in a total of 1330 pins
and a wetted surface area to volume ratio of 7190 m2/m3. The pin
height is Lhx = 856 µm and the cover thickness is Lc = 3.0 mm. For
this experiment there are five temperature readings. Again,
referring to Figure 6, there are two thermocouples placed in the sta-
tionary ring a distance of 2.54 mm below the heat sink but
positioned 45 degrees apart. Due to space constraints in the pump
seal chamber no direct measurement of the rotary temperature is
available. Instead, a thermocouple is placed in the water a radial
distance of 0.76 mm from the rotating seal ring and an axial
distance of 0.89 mm from the seal interface. This gives an estimate,
Tbx, of the water temperature in the seal chamber. Finally the tem-
perature of the cooling water at the inlet of the heat sink, Ti, and at
the outlet of the heat sink, To, are measured along with the coolant
flowrate. Together these parameters are used to compute the heat
carried away at the heat sink by the coolant.

Figure 7 shows a schematic of the fully instrumented 131.536
ANSI pump with the prototype mechanical seal installed. The
pump has a discharge to seal chamber flush (API plan 11), however
the valve on this flush line was closed during all of the experi-
ments. The cooling water is circulated using a chiller that
maintains the water supply at 18°C. Measurements also include
pump pressure and flowrates, seal chamber pressure, and multiple
additional temperatures in and around the pump. Since the heat
sink passages are hundreds of microns in size, a 3 micron filter is
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used at the coolant inlet. Pressure gauges are mounted on the inlet
and outlet cooling lines to measure pressure drop as the coolant
moves across the heat sink.

Figure 7. Schematic of Pump Testing Facility.

Figure 8 shows a computer-aided design (CAD) drawing of the
three part gland plate design used to accommodate the stationary
seal ring. Although there are several alternative gland and cartridge
seal designs, the one used in this work provides for the extensive
instrumentation required in this experiment. The special gland
plate distributes the coolant water in a uniform fashion to the heat
sink outer diameter. Once the coolant passes through the heat sink
it is collected and routed out of the pump and back to the chiller.
Together the chiller and the gland plate provide a closed coolant
circulation system with temperature control. The coolant is
separated from the water in the pump seal chamber by sets of O-
rings at the OD and ID of the stationary ring heat sink cover plate.

Figure 8. Experimental Gland Plate Design. (Courtesy Johns,
2003)

THERMAL RESISTANCES

To understand the effectiveness of the micro heat sink in cooling
the seal interface, the thermal resistances close to the interface are
considered. Since, in the absence of the heat sink the dominant
cooling mechanism for these experiments is at the rotary OD, the
radial face width of the seal is a benchmark of comparison for

thermal resistance. Considering the geometry in Table 1, the micro
heat sink is completely constructed within 2.6 radial face widths of
the interface for the high PV dry running prototype and within 1.1
radial face widths for the ANSI pump seal prototype. The heat sink,
therefore, has a high potential for controlling the temperature at the
seal interface, Tint.

Given the close proximity of the heat sink to the interface it is
assumed that the dominant heat flow path is axially away from the
interface. It is also assumed that the thermal contact resistance
between the two rings is negligible. Table 2 summarizes the
thermal conductivity of the materials of construction and the
resulting conductive thermal resistance of each layer that
comprises the prototypes. Referring again to Figure 6, Rrot is the
resistance between the interface and the thermocouples giving tem-
perature readings Tr1 and Tr2 in the rotating ring. Recall that these
thermocouples are used only during the high PV, dry running tests.
The thermal resistances that comprise the stationary ring are that of
the WC coating, Rwc, the heat sink cover plate, Rc, the total axial
thermal resistance of the pins, Rpins, and the resistance between the
bottom of the heat sink and the thermocouples located in the
stainless steel substrate, Rs, that gives temperature readings, Ts1
and Ts2.

Table 2. Thermal Parameters at Test Conditions.

When considering the thermal resistances of the prototype seal
constructions, the convective thermal resistance between the heat
sink metal and the circulating coolant must also be considered.
Experimental correlations governing convective heat transfer from
the heat exchanger cover plate to the coolant have been developed
in Marques and Kelly (2004) and are used here. For the experi-
ments in this study the coolant flowrates are 1.4 lpm for the high
PV dry running experiments and 5.0 lpm for the ANSI pump
experiments. This results in Reynolds numbers of 1298 and 2129,
and in effective convection coefficients of 16,519 W/m2 K and
18,139 W/m2 K for the high PV and ANSI pump tests, respectively.
The resulting convective resistances, Rcv, are 0.159 and 0.049
W/K.

Three overall thermal resistances are particularly useful when
interpreting the experimental results and in estimating the temper-
ature at the seal interface, Tint. These are:
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• The overall thermal resistance between the interface and the
thermocouples in the rotary, which is Rrot = 1.12 W/K for the high
PV, dry running prototype;

• The overall thermal resistance between the interface and the
micro heat sink coolant (when the coolant is flowing), Rhx, which
is the sum of Rwc, Rc, and Rcv and equals 0.33 W/K and 0.10 W/K
for the high PV and pump prototypes, respectively; and

• The overall thermal resistance between the interface and the
thermocouples in the substrate (when the coolant is not flowing),
Rstat, which is 0.62 W/K and 0.21 W/K.

The ability of the heat sink to control the temperature at the sealing
interface depends on the thermal resistance, Rhx. It is interesting to
note that for the flowrates used in these experiments the convective
thermal resistance comprises a large portion of the overall thermal
resistance between the interface and the coolant (about 50 percent
for both the high PV tests and the ANSI pump tests). This is
reduced by increasing the coolant flowrate through the heat sink
and will result in a lower interface temperature, Tint, all else being
equal. This may also be reduced by optimizing the spacing of the
cooling pins. Further reductions in Tint are accomplished by
reducing the thickness, Lc, of the heat sink cover. 

EXPERIMENTAL RESULTS

High PV, Dry Running Results

The first set of experiments evaluate the thermal performance of
the prototype seal at high PV values while dry running in air. The
heat sink coolant used during these tests was water at 22.2°C and
flowing at 1.4 lpm. The operating conditions for this test were a
rotational speed of 5000 rpm and a face pressure of 2.0 MPa (285
psi). This face pressure is very high compared to actual seal face
pressures (typically <50 psi), however, it is used in order to
generate significant heating for the test. The resulting PV value is
14.0 MPa-m/s (400,000 psi ft/min). Prior to testing both the rotary
and stationary seal rings were lapped flat to two helium light bands
(0.56 µm). Again referring to Figure 6, both the rotary and station-
ary seal ring temperatures were measured using thermocouples Tr1,
Tr2, Ts1, and Ts2. For the duration of the tests, there was no more
than a 5 percent difference between Tr1 and Tr2 on the rotary, and
between Ts1 and Ts2 on the stationary, indicating no appreciable
hot spots close to these thermocouples. Therefore, the average of
each pair of thermocouples, Tr and Ts, is reported in the results.

Figure 9a shows Tr and Ts over the duration of the 7 hour test. For
the case of no coolant flow (0 lpm) the average temperature of the
stationary is 230.4°C, and the average temperature of the rotary is
203°C. For this operating condition one would expect the stationary
temperature to be larger than the rotary as the air cooling at the
rotary OD is the dominant cooling mechanism. For the case of
coolant flowing at 1.4 lpm the stationary ring temperature is reduced
to what is essentially the coolant temperature (and ambient) at
22.2°C, and the rotary temperature is reduced to 82.3°C. Figure 9b
gives the measured heat generated due to frictional power loss at the
interface. This power loss is based on a direct measurement of
friction torque during the experiment. The average heat generated is
127.5 W and 92.4 W for the no coolant and 1.4 lpm coolant flow
cases, respectively. The substantial variation in heat generation at the
interface is indicative of a change in interface temperature as
reported in Schneider and Stephens (2003), although the underlying
mechanisms are not clear. Three methods were used in Schneider
and Stephens (2003) to measure carbon ring wear rate versus tem-
perature and it was found to be 3.7e26, 4.1e26, and 4.7e26 for
temperatures of 23°C, 145°C, and 232°C.

An estimate of the interface temperature, Tint, is easily con-
structed using a simple one-dimensional (1-D) thermal resistance
model for each operating condition, and the thermal resistances
presented in Table 2. Due to the close proximity of the thermocou-
ples to the interface, a 1-D model, which is typically very crude, is

Figure 9. Results for PV Value of 14.0 Mpa-M/S (400,000 PSI
Ft/Min)

effective in estimating an upper bound on Tint for the cases when
coolant is flowing, and a lower bound on Tint for the cases when
coolant is turned off. Such a model for this experiment is detailed
and verified in Johns (2003). For the 1.4 lpm case, both Tr and Ts
are measured and known. The heat at the interface has two com-
ponents. The first is that generated at the interface and given in
Figure 9b. The second is that generated by the ball bearings
required on the slip rings. The slip rings are required for the ther-
mocouple measurements on the rotary. The heat from this bearing
flows down the shaft and some of it is conducted to the interface.
This heat load was measured in Johns (2003) for conditions similar
to those in this paper. Those data were extrapolated to estimate the
heat as 18 W for these operating conditions. To obtain an upper
bound on Tint for the case of coolant flowing, it is assumed that all
of the heat is carried away at the heat sink. Under these conditions
the difference between the coolant inlet temperature and the
coolant outlet temperature is 1.1°C, indicating that the bulk fluid
temperature within the heat sink is 22.75°C. Using the thermal
resistance, Rhx = 0.33 W/K, an upper bound on the steady-state
interface temperature, Tint, is computed as 64.0°C and shown in
Figure 9a. Note that Tr>Tint>Ts, which is consistent with the heat
sink providing cooling not only to the interface but also to any heat
entering the rotary (the ball bearing heat in this case). The total
heat flux being pulled through the heat sink cover during these tests
is 29 W/m2.

For the case of no coolant flowing, since the predominant heat
generation is at the interface then it is clear that Tint>Ts>Tr.
Therefore a natural lower bound on Tint is Ts in Figure 9a. An
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estimate of the actual value of Tint for this case is constructed by
using the stationary temperature, Ts, and the conductive thermal
resistances Rstat = 0.62 W/K and Rrot = 1.12 W/K between the
interface and the thermocouples Ts and Tr, respectively. In this
model, any heating of the interface due to the slip ring ball bearings
is neglected, which is consistent with a lower bound Tint. The
resulting interface temperature is estimated as 271.4°C and shown
in Figure 9a. Comparing the two interface temperatures indicates
that the heat sink cools the interface temperature dramatically by a
factor of at least 4.2, clearly demonstrating the benefit of the heat
sink to thermal performance.

ANSI Pump Experiments

The second set of tests is for the mechanical seal installed in a
small ANSI pump. These tests evaluate seal performance with
respect to temperature, pressure drop across the heat sink, visible
leakage, and heat sink clogging. The specific conditions relevant to
this seal application are given in Table 3. The fluid being pumped
is water with a suction lift of about 3 feet and a basin temperature
of 18°C. The pump was operated at three different flowrates of 0
lpm (dead head), 19 lpm, and 38 lpm. The measured discharge
pressures and seal chamber pressures at these flowrates are given
in the table. The seal has a balance ratio 0.74 and a spring pressure
of 203.1 kPa (29.2 psi). Assuming flat parallel face operation the
pressure gradient factor is k = 0.5, resulting in relatively low face
pressures in the range of 223 to 238 kPa.

Table 3. Operating Conditions in a 3600 RPM ANSI Pump
Application.

The thermal test results are presented in Figures 10a to 10f.
During the 1 hour and 25 minute test, the pump is cycled through
nine different flow conditions labeled A to I on the plots. At each
condition the temperatures Ti, To, Ts (the average of Ts1 and Ts2),
and Tbx are measured directly (again refer to Figure 6 for these
locations). These are presented in Figures 10a and 10b. The pump
and coolant flowrates at the corresponding times are shown in

Figures 10c and 10d. Finally the heat carried away by the heat sink
is computed directly from the measured data and presented in
Figures 10e and 10f.

Figure 10. 131.536 ANSI Pump Test Results. (Ti – coolant inlet,
To – coolant outlet, Ts – stationary ring [below heat sink], Tbx –
seal chamber fluid, Tint – interface [estimated].)

Also shown in Figures 10e and 10f is the estimated heat
generated at the seal interface based on a friction coefficient of
0.07, which was measured during the dry running tests for this
material pair and is also the published value for WC versus carbon
in typical water applications. Note that for the moderate PV values
of this application and the low friction coefficient of 0.07, the heat
generated at the seal is quite low at 60 W. This value is shown as
constant in the figure because it is not a directly measured variable.
In reality, this value will change as the conditions at the seal
interface (e.g., coning) change with temperature. For the pump seal
tests the actual friction coefficient is less than 0.07 due to the added
lubrication of the sealed water. Therefore this is an upper bound
estimate of the heat generated at the seal interface. Note that there
are numerous heat generation mechanisms in the pump (bearings,
viscous drag, etc.). Therefore the heat carried away by the heat sink
when the coolant is flowing is significantly greater than that
generated at the seal interface. Finally, at each test condition an
estimate of the interface temperature, Tint, is given. In each case
this estimate is an upper bound on temperature, based upon the
thermal resistances presented in Table 2.

At startup (condition “A”) the pump is flowing at 38 lpm (the
best efficiency point [BEP] for the pump is 509 lpm [130 gpm]),
the coolant flow is turned off and the seal is generating 60 W of
frictional heat. Under these conditions the temperature of the seal
region is close to ambient (23.5°C). An estimate of the interface
temperature, Tint, is computed by considering that the dominant
cooling mechanism is the seal chamber fluid at the outer diameter
of the rotating ring. Assuming that one-half of the seal heat is
conducted through the stationary ring then the interface tempera-
ture is only about 27.5°C. During condition “B” the pump flow is
throttled to 19 lpm (5.0 gpm) and the coolant flow is still turned
off. Since the pump is operating well below its BEP, additional
heating comes into the system due to the very low efficiency. This
heat increases the temperature of the shaft and casing. As the heat
moves through the shaft and the casing, the temperature of the sta-
tionary ring, Ts, increases, along with the thermocouple at the
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coolant outlet, To, which is merely sitting in nonflowing water at
this point. The seal chamber fluid temperature, Tbx, increases but
is significantly less than Ts and To, as a certain amount of seal
chamber fluid is replenished even at this low flow condition. At
condition “C” coolant begins to flow at 5 lpm, cooling the station-
ary ring to the temperature of the cooling fluid, about 18°C. Note
that the temperature of the fluid at the heat sink outlet is only 0.2°C
larger than the temperature at the inlet, indicating that the bulk
fluid temperature at the micro heat sink is about 18.2°C. Using the
fluid temperature measurements and the fluid flowrate the heat
carried away by the heat sink is computed as about 100 W over this
cycle. Note that in Figure 10e this heat varies between 60 to 120
W. This is partly due to the measurement uncertainty of the ther-
mocouples (± 0.2°C) and the fact that the fluid delta T across the
heat sink is so small and partly due to transients in the system. Note
that 120 W is greater than the heat generated at the interface of 60
W, indicating that there is excess heat entering the heat sink due to
the low efficiency of operating at only 19 lpm. Using 120 W as the
upper bound on heat coming from the interface, and the thermal
resistance between the heat sink and the interface, an upper bound
on Tint is computed as 28.2°C. Note that Ts is essentially the
coolant temperature (18.5°C) indicating that all of the heat coming
down the shaft across the seal interface is carried away by the heat
sink. This heat is also an upper bound on the heat crossing the seal
interface during condition “B.” Again using Ts and the thermal
resistance between Ts and the interface an estimate of the interface
temperature during condition “B” is 53.8°C. Comparing operating
conditions “B” and “C” illustrates that the heat sink successfully
carries away all of the heat around the seal, cools the stationary
ring to the temperature of the coolant, and reduces the interface
temperature from 35.3°C above the coolant temperature to only
9.7°C above the coolant temperature.

During conditions “D” and “E” the coolant flowrate is again shut
off but the pump flowrate remains at 19 lpm. Therefore these two
conditions are exactly the same as condition “B.” At condition “F”
the pump is dead headed to zero flow. In this condition the motor
power is converted into heat as the water being pumped has
nowhere to flow. As a consequence the overall temperature of the
pump increases dramatically and the heat generated at the interface
of the seal has a negligible effect on the bulk temperature at the
interface (hot spots notwithstanding). As Figure 10b indicates at
this condition the temperature of the seal chamber fluid, Tbx, at the
coolant outlet, To, (again, there is no coolant flowing in this
condition so there is just stagnant water there) and in the stationary
ring, Ts, are approximately the same as the pump heats up to above
75°C and is still increasing. In separate tests the pump was allowed
to continue to operate in this condition until the pumped water
reached its boiling point at 100°C. Once this transition to steam
occurred the temperature leveled out at 110°C in the seal chamber
and at the stationary ring. In this operating condition, Tint is essen-
tially the same as the surrounding temperatures since the heat
coming in from around the pump is so large (several kW from the
5.6 kW motor) as compared to the seal heat being generated.

At condition “G” the heat sink flow was turned on to 5 lpm. The
small thermal capacitance and resistance between the coolant and
the stationary ring are evident due to the rapid decay of Ts from
75°C to 20.5°C, which is just 2.0°C above the coolant temperature.
This dramatic reduction in stationary ring temperature demon-
strates the potential of the heat sink to protect the stationary ring
and its associated elastomers from high temperature processes
where large heat flows impact seal reliability. Figure 10f indicates
that the heat being carried away by the cooling system is approxi-
mately 700 W (1 hp). Note that this heat is not only flowing to the
coolant at the heat sink but also from the gland plate to the coolant
as it passes through the gland plate and toward the heat sink region.
This is substantiated by the temperature measurement at the
outside of the gland indicating it was at 53.1°C. An estimate of Tint
during this condition is based on one-half of the heat being trans-
mitted to the coolant at the heat sink. Again, using the bulk

temperature of the coolant at the heat sink and the thermal resist-
ance between the heat sink and the interface yields Tint in the range
of 44 to 49°C for this transient condition. At condition “H” the
coolant flow is turned off and Ts, To, and Tbx dramatically increase
to an excess of 95°C and still increasing. The interface temperature
during this part of the cycle is at least this high as well. During
condition “I” the pump is turned off and the temperatures begin to
decay to room temperature.

Table 3 summarizes the cumulative run time on this mechanical
seal during the ANSI pump experiments. The pump spent 45 hours
under normal operation close to its BEP, 4.5 cumulative hours in
the dead head condition, and 7 cumulative hours with the pump
running completely dry (no water in the pump at all). During these
tests no visible leakage was observed from the prototype mechan-
ical seal.

Another performance indicator for the heat sink is the pressure
drop from the inlet to the outlet. This was measured for three
flowrates and is presented in Figure 11. For the 5 lpm flowrate used
in these experiments the pressure drop was found to be only 19.24
kPa (2.8 psi). This amounts to a pumping power of only 1.6 W that
was used to carry away over 600 W of heat. A related performance
indicator is whether or not the pressure drop across the heat sink
increased during testing. If so, this is an indication that the very
small heat sink channels are clogging. This was monitored closely
during the 56.4 hours of testing and no clogging was observed.

Figure 11. Measured Pressure Drop Across Heat Sink.

DISCUSSION

The experimental results clearly demonstrate the benefit of the
heat sink seal ring to the thermal performance of the mechanical
seal. First, the heat sink seal prototype successfully functions as a
mechanical seal as no visible leakage was observed over the 56.4
hours of cumulative testing in the water application. Future work
will need to consider gas phase leakage from the prototype.
Second, the heat sink clearly protects the seal against temperature
induced failures due to errant operating conditions such as dry
running of the pump due to loss of fluid at the suction, and dead
heading of the pump when the discharge block valve is shut off. As
the results indicate, the temperature of the stationary ring was
cooled from 230.4°C for the high PV dry running case and >95°C
for the dead head case to the temperature of the heat sink coolant
for both of these high heat load cases. As a secondary benefit, these
results also illustrate that the heat sink seal could be used in hot
applications to protect elastomer O-rings if used. Note that future
work will consider the effect of wear debris on seal performance
for extended dry running conditions. Third, the heat sink is
effective in increasing the product temperature margin as it signif-
icantly cools the seal interface and slightly cools the seal chamber.
This is particularly relevant in sealing light hydrocarbons, which
may have PTMs less than 2 to 4°C.

Of particular interest for low PTM applications is that the heat
sink is distributed across the entire end face of the seal. As was
seen in the experiments, the cooling water increased only 2 to 3°C
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between the heat sink inlet and outlet indicating that the end face
is cooled very uniformly from the OD to the ID. This indicates that
the hot spot at the seal inner diameter that is associated with con-
ventional single seal designs is significantly reduced if not
eliminated. Note that the ability of the heat sink to cool the seal
chamber is limited by the convective thermal resistance at the
rotary OD and the conductive thermal resistance of the rotary,
which is significantly larger than the thermal resistances associated
with the heat sink. Therefore, for cases such as shown in Figure
10b at condition “G” the seal interface runs much cooler than the
seal chamber.

The thermal resistance models indicate that cooling of the seal
interface for these experiments is limited by the convective thermal
resistance between the heat sink cover and coolant, and the con-
ductive thermal resistance of the heat sink cover. The convective
thermal resistance is decreased by simply increasing the flowrate
through the heat sink and approximately is halved for a doubling
of the flowrate. The convective thermal resistance may be further
reduced by optimizing the pin spacing in the heat sink. The heat
sink cover thermal resistance is decreased by reducing the
thickness, Lc, of the cover. The present thickness is approximately
3.0 mm and is required because the O-ring seal is used both on the
stationary OD and ID to isolate the heat sink coolant from the
pumped fluid.

The experimental results also indicate that the pressure drop
across the heat sink is very small (<3 psi). This is at first surprising
given the very small scale of the heat sink coolant passages.
However, Marques and Kelly (2004) show that this result is con-
sistent with scaling laws of pressure drop. The pressure drop across
the heat sink was constant for a given flowrate for the 56.4 hour
cumulative run time. This indicates that no clogging of the heat
sink channels occurred. This result, though, is largely dependent on
the quality of the coolant supply. Recall that in these tests a 3
micron filter element was used to filter tap water. During the
duration of all tests this filter was never changed. Finally, this result
is only indicative of the short-term operation of the heat sink.
Future work will examine the long-term “fouling” of the heat sink.

Finally, the present materials of construction of the prototype
stationary ring are not very attractive to pump users. As this paper
detailed, the present prototypes are fabricated with different layers
of nickel and tungsten carbide on a stainless steel substrate, and
their purpose is to examine thermal performance and mechanical
design issues. There is ongoing work to fabricate the stationary
seal ring directly from monolithic silicon carbide, tungsten carbide,
and silicon nitride. Figure 12 shows the first heat sink seal ring
prototype fabricated of silicon nitride resulting from that work.
These materials of construction are a large piece of the develop-
ment puzzle that will make the heat sink mechanical seal attractive
to pump users.

Figure 12. Heat Sink Seal Prototype Fabricated from Silicon
Nitride.

CONCLUSIONS

This paper presented the first experimental results for a new
concept in mechanical seal cooling: the integral heat sink. From
these results it is concluded that the integral heat sink design can
perform successfully as an end face mechanical seal and that it is
effective in reducing the operating temperature of the seal even in
extreme operating conditions such as dry running and pump dead
head. A significant benefit of the integral heat sink design is that it
improves thermal performance of the seal without mixing the
coolant with the process fluid.
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