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ABSTRACT

This paper is meant to help with failure investigation,
presenting a review of the causes and effects involved when
blades fail. Included are descriptions of failure mechanisms

(stress; resonance; environment) and of the conditions causing
the failures (design; material; manufacturing; operation). Also
included are chapters on failure analysis, evaluation of circum-
stantial evidence, failure history, and investigative procedures.

A table coordinates causes and effect.

An appendix explains methods used to compare stress
levels against allowable values.

INTRODUCTION

The requirements of variable speed and of starting while
under load impose much more severe conditions upon the
blading of Mechanical-Drive (MD) turbines than those ex-
perienced with turbine generators. At this time, blade reliabil-
ity represents a limit of technology in the development of
large turbines, and it thereby introduces limiting factors into
the design of process plants.

Vertical column:
1.0 Failure Mechanisms

1.1 Excessive stress
1.2 Resonance
1.3 Environmental effects

NOMENCLATURE
¢ = Steam velocity; ft/sec s = Blade foil width; chord or axial, at base
C, = Steam velocity; at nozzle exit S = Stimulus of excitation
D = Diameter. Pitch (mean) diameter of blading SF = A stress-level factor, for comparative purposes
unless otherwise specified; inches only; SF < 1.0 would correspond to normal, con-
E = Modulus of elasticity; lbs/sq. in. servative stress levels, 2.0 indicating possible high—
g = Gravity constant; or centrifugal force expressed as stress condltlops .worth checking. Note that this is
multiple of a parts weight (a 1 Ib weight at 10,000 a very crude indicator and conclusions should not
; ’ be based on it. All it is meant to indicate is
g pulls with 10,000 lbs)
G = Sieam flow: Ibs/h whether or not a detailed check appears advisable.
’ ) . u = Pitch line speed; ft/sec., = D x RPM/229
Ah = Heat drop across a stage, usually isentropic; BTU o
PR v = Specific volume; cu ft/lb
H = Mode response factor for resonant vibration s o e
V = Vibratory amplification factor
HP = Stage horsepower . .
) . . w = Root width, axial; in.
KR = Root size factor; relative to foil base; Krs = 1 for . . . .
S areotofw=19s Wy = Blade exit velocity, relative to airfoil; ft/sec.
Kg¢ = Root type factor; = 1.0 for top-quality, 3-land pine- ¢ = Blade-to-blade pitch; at I.)ltc.h diameter or TOOt
tree root, axial or tangential entry (with restraining Z = Number of pulses of excitation per revolution
lips) « = Load-dissipation doefficient for shroud and/or
2 = Blade length; usually from tip to base of foil (in) lashing wires
m = Mass; Ibs sec¥/in. B, = Foil exit angle; degrees
M = Mach number at blade exit = velocity/acoustic Y = Specific weight; Ibs/cu in
velocity § = Damping coefficient
n = Rotor speed; RPM ¢ = Admission ratio [180° admission arc & (€=.5)]
n = Mode of resonant vibration; cps. n = Efficiency
P = Pressure; psi pi=nozzle inlet pressure, pz=bucket v = Resonant frequency of blade; cps
exit pressure 0 = Stress. See Appendix for definitions

RPM = Revolutions per minute



10 PROCEEDINGS OF THE FOURTH TURBOMACHINERY SYMPOSIUM

Horizontal headings:

2.0 Engineering, Design, Service Conditions
2.1 Blade design
2.2 Material
2.3 Manufacturing effects
2.4 Stage environment and operating conditions
2.5 Maintenance effects

3.0 Symptoms and Ecidence

3.1 Failure location

3.2 Fracture analysis

3.3 Surrounding evidence

3.4 Failure history

3.5 Operating symptoms
4.0 Investigative Procedures
5.0 Remedial Action

The tables attempt to show areas of possible interaction:
1=possible correlation
2=probable correlation
3=highly probable correlation
These indicators are not meant to reflect statistical prob-
abilities, but rather to show us what areas to look into, and the
degree of likelihood that a correlation exists. The indicators
also show us in which areas we can expect the most effective
improvements.

Only the most essential considerations are covered, in a
simplified and condensed format, suitable for use during failure
investigation. The procedures are not meant to be used for
design analysis, being too crude for this purpose.

GENERAL CONSIDERATIONS

When a blade failure occurs, the first reflex reaction is
usually “Resonance!”, and off we go, into a lengthy and costly
exploration of all the possible (and sometimes impossible)
modes of resonant vibration. We are all aware of the exceeding-
ly detrimental effects of resonance, but it may be a good idea
to sit back a minute and to consider a few basic facts:

Operation on resonant frequencies, under load, and in
relatively poor steam, is a fact of life with most mechanical-
drive turbines. This is the reason we have such difficulties
building machines over, say, 60,000 HP, while the generator
drives are far bigger, having 30 in. blades running at 2000 ft/sec
tip speed. The first resonant mode of a first-stage blade will be
about 2000 to 6000 cps, while an 18" last-stage blade will come
out around 100 to 130 cps. The intermediate stages will cover
the spectrum between these values. Considering the many
modes of direct, harmonic and subharmonic excitation for each
of these resonant modes, there can hardly be any doubt that
we will run on some resonances while — and this may be more
important — we will also have to pass through some of the most
destructive modes during each start, accumulating quite a
few thousand high-stress cycles each time. For constant speed
and no-load starting we can tune blades to avoid resonances,
but not so with variable-speed MD turbines.

Evidently, certain blades must be strong enough to op-
erate under resonant conditions, and a few of these resonances
will be severe. If a non-defective blade fails under these con-
ditions, it was obviously too weak for this kind of service, and
stresses must be reduced to make it survive. Getting out of a
severe resonance (assuming this to be the main problem) is
one way to do this, but it is by no means the only way and, as
a rule, it is a very lengthy operation, involving many uncer-
tainties which can result in repeat failures and plant shutdowns.

The weakness of a blade — or its exposure to highly detrimental
working conditions — is often quite obvious, and in most cases
it is possible to reduce stress by such means as making the blad-
ing stronger, using better design and quality, and by adding
damping by means of caulking strips and lashing, if resonance
is suspected. Excitation can be reduced by smoothing the steam
path. Load dissipation can be improved by means of shrouding
and lashing, to name a few possibilities. Other important im-
provements may be obtained by using a different material;
providing better, less corrosive steam; giving more attention to
mode of operation (load, back-pressure, etc.). Many more
immediately applicable measures are available.

It is important to remember that blading must have a
generous safety margin, to survive the many abuses to which it
will be exposed. If failures have occurred, it proves beyond
argument that the actual margin was insufficient, for whatever
reason. It is mandatory that stress, strength, load, or environ-
ment be improved by a known factor of at least 3, especially
so in case of repeat failures. A minor improvement, say 20% —
such as may be obtained by better surface finish, shot-peening,
caulking, etc. — is not adequate to establish a definite mini-
mum level of reliability. Such minor improvements may well
work in some cases, and they are, of course, always desirable,
but they should never be regarded as satisfactory solutions by
themselves.

One curious situation can be observed more often than
not: Money and time are spent generously ou the analysis of
the failed blade, but when the time comes to make the hard-
ware stronger, people settle for the skimpiest kind of improve-
ment — for cost reasons! Would it not be better the other way
around? However, it should always be kept firmly in mind that
blade strength is, roughly, a linear function of cost, all things
considered. This includes wheels and turbine length, critical
speeds, etc., ete. There is no sense in asking for a stronger
blade unless you are willing to foot the bill. Furthermore, in
many cases the problem originates with nozzles and flow irreg-
ularities. Good diaphragms are very expensive!

FAILURE INVESTIGATION
1.0 Failure Mechanisms

1.1.0 Excessive Stress

The total stress at any location of a blade consists of: Cen-
trifugal tension + centrifugal bending + steady steam bending
+ alternating bending. See appendix for stress criteria. Al-
ternating bending is the product of: steady bending x damping
x stimulus of excitation x load dissipation (shroud) x resonant
response.

1.1.1 Centrifugal Stress

In steam turbines, centrifugal stress is never the principal
cause of a blade failure, except in the rare cases of turbine run-
away (including reverse-rotation), or possibly with frequent
start/stop service (low-cycle fatigue). Pure centrifugal stress
failure would occur at 3 to 4 times normal design stress, or 75%
to 100% overspeed. The failure appearance would be quite
striking, being characterized by strong fracture elongation
(about 20%) and area reduction in the critical areas, and/or
by stripping of the root serrations, the way threads are stripped
on overloaded bolts.

However, centrifugal stress is an important contributing
factor with fatigue failures, corrosion fatigue failures, and stress
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Figure la. Goodman Diagram, For Steam Turbine Blading,
at Room Temperature. For Type 403 (13%Cr) steel, having
90,000 psi yield strength, assuming uncontaminated, de-
mineralized, commercial qudlity steam, with minimum
amounts of corrosive impurities, as encountered in a well-
equipped, properly operated process plant.

Note: This diagram represents an attempt to provide some
guidance concerning the effect of environment upon typical
turbine blades. It is based on data from many sources. Correc-
tions for temperature, surface finish, and stress concentrations
must be applied.

The curces represent an estimate, as neither the type nor
the concentration of the contaminants is known, and neither is
the ratio of bending stress to pure tension, for a specific blade.
Also, endurance data in corrosive environments is very scarce.
It must be kept in mind that, in corrosive encironment, an en-
durance limit does not really exist. Curves are estimated for
108 cycles. (7)

corrosion failures, where it lowers the endurance strength of
the material (see Fig. 1a), and with creep failures (metal tem-
peratures over 650° for type 403 material, 750° for type 422).
Creep is not normally a problem because, in the hot region
of the turbine, centrifugal stress is usually low.

The centers-of-gravity of shroud, foil, root, and root lands
should be located on a common, radial axis, within a few thou-
sandths of an inch. This prevents centrifugally-induced bend-
ing stresses. Some of the cheaper blades — used primarily in
single-stage turbines — are not so designed, and this may result
in very high stresses, leaving no margin for alternating stresses,
and possibly exposing the material at the root fillets to reversing
yield (Fig. 1b) (tension at trip, compression when standing).
This can cause local embrittlement and, ultimately, fatigue
failures.

Some important facts and figures:

-Blades of different size but of the same geometry, running
at the same tip speed, experience the same centrifugal stress
at the base, as well as at all other sections in root and rim. This
means: a 20" blade on a 40" wheel running at 4,000 RPM is
stressed exactly like a 10" blade of similar geometry on a 20"
wheel at 8,000 RPM, or a 5" blade on a 10" wheel at 16,000
RPM. However, the geometry must be exactly proportional,
in all respects, especially £/D. Material must be the same.

-Now assume existing blades of given length, mounted on
wheels of varying diameter. Then run the wheels up to a speed
where tip speed is the same for both the large and the small

o /4
g xt™ g idee L. -‘*-/dee//
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Figure 1b. Local yielding at stress concentrations and result-
ing residual stress.

a. Theoretical yield curce

b. Actual behatiour, leatving some safety margin (6)

wheels. We will find that the blade stress for the small wheel —
at high RPM — is considerably higher than for the blade on the
large wheel — at low RPM —, although tip speed is the same
for both. This explains why wheels and blading for high speed
machines are so difficult to design. They must be exactly pro-
portional in order to obtain the same tip speed as a larger ma-
chine. This leads to very delicate blades, requiring great man-
ufacturing accuracy and extraordinary care in assembly and
handling, as well as special maintenance procedures in the

field.

The example also illustrates that it makes no sense to
set a limit for tip speed without making it a function of RPM
and, espacially, of blade geometry ( 2/D, taper, root). Tip
speeds of 2000 ft/sec at 3000 RPM are common, but try these
same 2000 ft/sec at 15,000 RPM, unless blade geometry is
exactly scaled!

The reason for this behavior is that, for a given blade (=
given weight), only the strength of the centrifugal field is im-
portant, and this is proportional to m x r x ®?, or mass x tip
speed/tip radius.

-If, on the other hand, the type of blade, flow triangle,
steam volume flow (cu. ft/sec.), blade exit angle, velocity ratio
and RPM are given, then the blade stress decreases as tip
speed increases. This means: The larger the disk diameter,
the lower the blade stress. This seems paradox, but is explained
by the fact that the stress is a function of blade length and pitch
diameter, and £/D decreases for a larger disk, as long as steam
volume-flow is constant. This relationship is limited by the fact
that:

o The disk stress goes up and ultimately becomes the limit-
ing factor.

e The steam velocity leaving the bucket cannot go up in-
definitely. Sonic conditions will be reached, and the flow
relationship and efficiency will no longer be similar. Also,
as the bucket becomes very short, the efficiency decreases
due to steam friction losses at the blade surface. Never-
theless, this relation holds true over a wide range of prac-
tical applications, and therefore it is of considerable impor-
tance, because blading can be made more reliable where
this rule is properly applied. The above leads directly to a
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simple formula for centrifugal blade stress, at the airfoil
base, as a function of steam flow parameters. This formula
is not a rule of thumb, being mathematically correct for
straight, unshrouded blades, and it can be closely approx-
imated for other configurations.

RPM \ ?
Gv \1000

W, sin 3,
-Formulas to estimate centrifugal stress, using dimen-
sional input:

2
e Vane, at base: 0 = 4.03X 2X DX %) X K3

o, = .0512

for steel

for Titanium: 6y 4j1. = 0.572 X 0; gieer

Kt = Taper factor
Kr = 1-1[0.05X (/s) X T]

T indicates degree of taper:
Straight: T=0
Linear taper: T=1
Parabolic: T=2

Centrifugal stress factor, vane: SFu=01/40,000

This assumes 40,000 psi allowable stress (average), at
normal operating speed. A stress factor of SF=1.0 represents
40,000 psi, SF=.5 represents 20,000 psi, and so on. Note that
40,000 psi centrifugal stress would not allow high alternating
stresses, Fig. 1.

e Shroud stress:

This would be difficult to calculate quickly. A rule-of-
thumb says that a good shroud assembly can stand 40,000 g,
for a riveted shroud having a width of no more than 8 times its
thickness. If we call this a stress-factor SF=1.0, we can tell
how much higher or lower the actual stress is, by using the
formula

, RPM) *
shroud dia. X (1000>
2817

RPM is for normal operating speed

SE, =

o Root Stress:

We can develop a root stress factor, to give us a rough idea
of the level of root stress. Again, 1.0 is conventional stress at
100% load, 100% speed:

SFp = SEy X Kgg X Kpy

Where: Krr=Root type factor, =3/No. of hooks (pairs). If the
root has no retaining lips (Figs. 11 & 12a), use .7 x actual
number of hooks.

Kas=Root size factor, =1.2 s/w,

s is vane chord length or axial width (being about the same),
w being root axial width, see Figs. 11 & 12a

This equation is based on the assumption that vane and root
centrifugal stresses are about equal for a top quality, 3-land
root having a width of about 1.2 times vane width. This is arule
of-thumb. The root type factor is based on the load capabilities
per square inch of projected rim area as given in (6), for high-
efficiency roots, plus corrections for neck geometry. Normal
pitch-to-chord (t/s) ratios were assumed, as used for Rateau
type blading. The above is for top-quality design, integrally
machined roots, axial or circumferential.

If root and vane center-of-gravity are not the same radial
axis, multiply root stress factor by 2.5 to 3.0, to account for
centrifugal bending stresses.

1.1.2 Steam-induced stress, steady-state.

The bending stress generated by the “driving force,” or
“steam-load.” This bending stress is superimposed on cen-
trifugal tension. It is not normally a principal cause of failure.
However, this stress is the basis for the vast majority of failure-
causing alternating stresses, which are proportional to the
steam load.

a. Effects of bucket geometry and operating conditions upon
steam stress.

Because of the complexity of the stress situation — and espe-
cially of the dynamic or vibratory stress situation, for which
the steam stresses furnish the basic “Stimulus™ (see later) — it
is important to develop a feel for the conditions which result
in high steam stress levels, and also for the blade proportions
and configurations which are suitable for highly loaded stages
in various sections of a turbine.

For example: What happens if a low-pressure blade with a
loading as shown in Fig. 1c were to be operated at twice the
exit pressure, or at a higher steam flow (exit Mach number),
or if the blade were to be shortened (a frequently used make-
shift after a failure, and often not effective). Is it better to have
many small blades, or rather fewer large ones?
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Figure Ic. Distribution of steam stress, bending moments, and
energy in a 22.5” long, high-performance blade tapered and
twisted, mounted on a 55" wheel. Running at 3,600 RPM at
8.0" H.G. abs. exit pressure.

Note: The stress levels shown would not necessarily be con-
sidered permissible. (7)
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The following discussion will explain such relative influences.
The absolute stress level will not enter the picture — it would
have to be calculated or estimated separately.

Disregarding all constants and non-essential factors, the
basic steam stress relation boils down to:

2 2 Dy (2 D, (2
O p2 XM XDb (),ox.pZXBTUXDbX<>

S S

PITCH - LINE SPFED
wx D\RPre f229  [rr/sac)

D = Pitch diameter (st &/2)
= Base diameter (at airfoll base)
= Adrfo3l length

oy, xlzﬁ-x‘%é—

Figure 1d. Steam-bending stress as function of operating con-
ditions and blade dimensions.

This non-dimensional relation holds only for stages having
identical velocity triangles, but it can be used to estimate
effects of blade size modifications and to estimate the effect of
changing operating conditions. M? is proportional to the BTU
drop across the stage, but stress will increase much more than
M? when M = 1.15 is exceeded. (7)

Fig. 1d shows the essential parameters.

The sign £ is used here to indicate that the bending stress-
es are proportional to the factors on the right side, but that
certain limitations exist which must be very carefully observed:

-The relation holds in its strict sense only for a given stage
layout, having a fixed exit angle and other comparable thermo-
dynamic characteristics (velocity ratio). However, the variables
can be changed drastically, except for M, which see below.

-The profile geometry must be constant, although £ and
s may be varied individually, s/t must be constant. Note that
the chord dimension “s” (or axial width) is, by far, the most
important factor where airfoil strength is concerned, since it
enters the stress picture as a square function. Since M and s are
both square functions, and the A h or HP is also a function of
M2, we derive the simple statement that:

“The heat drop (or Horsepower) a blade can handle is
directly proportional to its axial width.” This holds for the root
width also.

-Flow must be sub-sonic (M<1.0), because stress at high
Mach Number will be higher than indicated, because of in-
creasing reaction (=pressure drop across buckets), this can
cause very high additional stresses. See Fig. 7.

-If throttle steam flow changes, M will change proportion-
ally in the last stage, while pz will remain constant. In all in-
termediate stages p2 and M will change as a function of flow
only.

-With long blades (as compared to wheel radius) the blade
tips work much harder than the base sections. Maximum stress
is not necessarily at the base, because of the high degree of
taper (“parabolic taper”) which such blades may have. See
Fig. lc.

b. Formula to estimate steady steam bending stress at blade
root at top

o; = 344 GAN(062+03w)
1

D(D-)RPM)ews

where Kgs and Krt are the same as used for the centrifugal root
stress estimate. This relation gives the bending stress for afree-
standing blade in the vicinity of design speed, down to =~ 50%
speed. At zero RPM, oni would become infinite which, of
course, is not true. This results from neglecting the drop of
efficiency at low speeds, and it can be corrected by multiply-
ing obi with the ratio of efficiency at actual speed over design
efficiency. However, the blade stress at very low speeds and
high flow is much higher than indicated by the shaft torque,
because of unstable flow conditions, resulting from flow sep-
arations.

X Kgpe X Kg¢ (psi)

The higher driving force at the tip is included in the above
formula by assuming the driving force to be acting at 60% foil
height.

See the appendix concerning evaluation of stresses and
application of stress concentration factors.

Stress at the vane base can be estimated from o at the
root, by applying the following reasoning: If the root stress is
high, the vane stress will also be relatively high. If the root
has poor strength, vane stress will still be low, even with high
root stress. But if the root is of a high-strength design (3 lands,
efficient geometry), then the average vane base stress can be
as high as the root stress, or even higher. However, the stress
concentration at the root fillet is usually much greater than at
the vane base, and once this is taken into account, vane stresses
do not come out much higher than root stresses, even with very
good roots.

1.1.3 Steam-induced stress, alternating

This is a principal contributor to most blade failures. The
steam forces may be strong enough to cause failures of non-
resonant blading — for example, where a series of single-jets
is used in conjunction with high pressure-ratios (single-stage
turbines; Curtis stages). Or where stage loading is extremely
high, as with first stages of multi-stage, multi-valve turbines
while operating at part-load (one valve open is the worst con-
dition). More often than not, some form of resonant amplifica-
tion is involved.
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Figure 2a. Unsteady lift coefficient versus time. (15)
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Figure 2h. Vibratory Stress During Starting Cycle. (Stress Shown Between Peaks is Approximate) (7)

The alternating stress can be induced by the following
mechanisms:

-Interrupted arc-of-admission, or partial admission (har-
monic excitation), see Fig. 4 Amplitudes encountered during
start, at points of harmonic excitation, are shown in Fig. 2b.

-Nozzle-wakes (at nozzle-passing frequency). See Figs.
2a and 5.

-Mismatch of diaphragm nozzles at the horizontal split,
and/or missing diaphragm blades at split (2 x Rev. exciting
frequency.) See Fig. 3.

-Pitch variations of nozzles and/or buckets (harmonic exci-
tation).

AOOMNAL DITCH NS

WORIZ . SPUT

FD PITC]

Figure 3. Nozzle mismatch at horizontal split (7)

-Wakes from struts or braces ahead of stage (usually 2 x
Rev to 6 x Rev). These wakes can propagate several stages
downstream.

-“Bow wave” from struts or braces behind stage. Distance
should be at a radius of at least one blade length from any point
of the blade (2 x Rev to 6 x Rev, 4 x Rev being the most common
offender, in low-pressure stages).

-Nozzle profiles of poor aerodynamic design (Figs. 5 & 6).
Eroded or damaged profiles. Re-worked (“hand-faired™)
nozzles, especially at horizontal split.

-Insufficient nozzle area ratio, resulting in jet-deflection
and buffeting of blades. Occurs at supersonic pressure — ratios

Arc of Engergy Input = X Cycle (Resonant)

Figure 4. Excitation behind partial-admission diaphragms (7)
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Figure 5. Poor efficiency, flow separation. Strong, wide
wake (7)

if nozzle is not designed correctly. Also with first stages operat-
ing at part-load, see Fig. 7. Forces may be high enough to cause
non-resonant failure. This can also cause severe wave reflection,
Fig. 8, with stimulus as well as frequencies load-dependent,
and virtually impossible to predict (10).

-Disk vibration, which also results from steam-induced
stresses, both steady and alternating. This has caused many
blade failures.

The steam induced alternating stress is expressed as a
multiple of the steady steam stress, by the “Stimulus Factor”
S. In the case of resonance, S is always used in conjunction with
damping, resonant response, and shroud dissipation. There is
no easy way to predict stimulus factors, as they vary with each
type of excitation source.

See 1.2.4 “Resonant Stress” for range of amplification
factors.

1.1.4 Impact stress

Not a normal factor. Results from foreign body contact,
such as impact with other failed blades. This may yield the
famous “blade-salad,” a chain reaction which can rip practically
all downstream rotating and stationary blades out of a machine,
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Figure 7. Straight Nozzle. Jet-deflection as function of pressure
ratio (6)

Path of waves of the type (1W x 2N)B with
separation of flow from nossles

Path of waves of the type (1Wx O},

e
Path of waves of the type (2W X i1N)F.
M = 0,63,

Figure 8. Various types of wave reflection in axial gap (10)
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depositing them as a mangled mess in casing, piping, and con-
denser. This happens mainly with reaction turbines, where the
stationary blades (if unshrouded) are not strong enough to stop
the avalanche.

Impace stresses also result from water-slugging and from
blade rubs (thrust bearing failures).

A high impact strength of the material (over 35 ft-lbs) is
very desirable, to minimize the resulting damage if such
accidents occur. But the main benefit of high impact strength is
the reduced notch sensitivity and the much better over-all
behavior of the material, especially in corrosive environment.

Impact results in a characteristic brittle-fracture, which
is usually easy to distinguish from fatigue and from ductile
fractures, both fracture location and appearance being dif-
ferent.

1.1.5 Low-cycle fatigue

A very important consideration, not always properly con-
sidered. It means that failure occurs within a few hundred to a
few thousand stress cycles. The failure mechanism is explained
in the Appendix.

Low-cycle fatigue or reversing yield can be the sole cause
of a failure but, far more often, ultimate failure occurs from al-
ternating steam stresses — however small they may be — after
the material strength has been nearly exhausted by low-cycle
fatigue. It may require considerable metallurgical effort to
properly identify such failures, especially if corrosive action
has also been involved.

Causes of low-cycle fatigue are: frequent start/stop opera-
tion (=centrifugal stress), the thermal cycling, frequent water-
slugging or water washing, inadequate casing drainage (up-
exhaust!).

1.1.6 Thermal fatigue

A low-cycle fatigue process activated by thermal stress. It
is not a major consideration with present steam temperatures,
but quick-starting, water-slugging, rapid and frequent load-
changing (compressor surge), and steam temperature cycling
can fatigue the high-pressure blades.

The blade foil is the hottest part of the blade, because of
energy recovery in the boundary layer (about 70 to 85%). This
means the stem in contact with the foil is near nozzle upstream
temperature. Shroud, root, and disk are cooled by the much
cooler “spent” steam behind the stage. Therefore the shroud
will push-pull tangentially on the blade tips as operating condi-
tions vary. If shroud segments are long, rivet tenons or shrouds
may fail. Highest tenon stresses occur near the ends of the
packets, highest shroud stress occurs near the center.

With the short blades, bending stresses at foil base and
root can also be high, especially near the ends of the packet.

1.1.7 Creep stress

Becomes a consideration with metal temperature over
650°F for type 403 material, 750°F for type 422. This affects first
stages running with inlet temperatures over 750°F. Pure creep
failures are rare with present temperatures, but cracking at
stress-concentrations may result if radii are insufficient. The
rule of allowing 2 times theoretical yield as max. fillet stress
does notapply in the creep range. Therefore, high-temperature
blades either need much larger fillet radii at root and vane-base

or, for a given blade, allowable stresses must be reduced by at
least 50%. Otherwise the material strength at the fillet will be
exhausted by local creep, with consequent loss of endurance
strength. The blades will fail in pure fatigue.

1.2.0 Resonant Vibration

The theory of resonant vibration cannot be described here,
for space reasons. See references for information on this sub-
ject. However, we will consider areas of practical importance
and briefly recapitulate some basics.

1.2.1 Mode of vibration

-Tangential: Perhaps the most troublesome mode. First
and second bending modes, excited by any of the steam forces,
have probably caused more failures than all other modes com-
bined. Affects all types of blades, shrouded and unshrouded,
but a strong shroud assembly can greatly reduce stresses, by
means of load dissipation.

Failures can occur at vane base, root, or shroud, but if the
foil fails part way up, a higher mode was involved.

-Axial: Occurs as steam-excited packet vibration (Fig. 9
and Ref. 9 & 12), or as a result of disk vibration (Fig. 10). Both
types of excitation may act combined. With steam excitation,
failures occur at the end or center of packet. Disk vibration
often causes circumnferential failure patterns reflecting the disk
mode, i.e., 90° and 180° for 2-nodal diameters (afrequent type);
60°, 120° and 180° for 3-nodal diameters (a rare type). Blades
may also be loose in the wheel, “lifted,” or worn at supports, in

a) Tangential b) Axial
Mode Mode

Figure 8. Tangential Mode & Axial Mode (6)

100 ops - 6000 apm 150 ops - 9000cpm _ 206 ops - 12,360 opm
One dia., not normally 1st. umbrella Two dia. This is the
enoountered because of Eost troublegome mode.
oentrifugal effeots Avoid RPM = } opm

e

270 ops - 16,200 cpm 450 ops - 27,0000pm 744 ops - 44,640 opm
Coupled Three dia. Also a Coupled, Predominantly
troublesone mode. & aia.

Figure 10. Coupled Disk and Bucket Modes, Example of Nodal
Patterns, (made visible by a sand-layer: Electronic excita-
tion). (7)
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Figure 11. Blade with straddled root (7)

When exposed to any type of axial vibration, straddled
type roots (Fig. 11) are obviously much stronger than internal
roots (Fig. 12a), and they provide a higher resonant frequency.
Very poor are internal roots without retaining-rims (Fig. 12a).
With these, circumferential wheel cracking is frequently en-
countered, Fig. 18.

The failures can be located anywhere on the foil, root or
shroud, and they can start on either side (upstream or down-
stream), sometimes on both. Root failures are, perhaps, the
more frequently encountered type.

e d
_/ /’ \\

e N

Figure 12a. Comparison of internal (“grooved’”) and straddled
root. Note absence of retaining rims with both types, which
would cause disk cracking with the internal type (Fig. 18) root
failure with the straddled type. (6)

-Torsional modes: Occur mostly in longer blades. Re-
sponse is generally lower than for bending modes.

1.2.2 Basic Relationship of Blade-Frequency. (Traupel, 6)

_ Xrll X's E X kI
Ven = 02 p X k¢ For bending modes.

_ Xin G
Vetn = g ¥ p
Where:

For torsional modes.

ven=Resonant frequency for mode n, cps.
xn'=Mode-factor.
s=Chord-length of profile, in.
2 =Blade length, inches. Use effective length to point of root
support (top land).
E=Modulus of elasticity, at operating temperature, psi.
p=Density of blade material
p=v/g=0.283/386=7.332 x 10"
ki=1/s* Where I=cross-sectional moment of inertia, in.*
kr=f/s* Where f=cross-section, in.?
G=Shear modulus.
Y=Factor reflection blade cross-section geometry

Since we cannot perform an accurate frequency calculation
by hand, the numerical value of these components does not
interest us here. The structure of the equations, however, is
very important. It tells us the following:

-Blades of different size, but with identical geometric
proportions and identical material have x'n, E, p, and ki/ks in
common, and also x'm, G, and ¥.

This reduces the equations to:
3
22

Vetn = Ktn/;2

Ve = K, for bending

for torsion

Where K» and K contain all the constants for a given
mode of vibration, including the mode factors x'n, and x'nt for
the respective mode.

With this, we can find all resonant bending frequencies of
any size blade if we know them for just one size,
2 s
Ven = Veno — 73 for bending

55 £

Where subscript o refers to the original (known) blade.

This equation still contains $/f , because in this form it
can also be used as an approximation for blades of similar
geometry, where /2 may not be the same as for the reference
blade. This results in good approximations for a wide range of
turbine blades of the same general type.

For exactly identical geometry, the equation is still rigor-
ously exact and, because in this case s/ will also be identical
for all sizes of blades, we derive:

Ven = Veno * %o/% for bending

Vetn = Yetno *~ %of® for torsion
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Evidently, the scaling factors are the same for both bend-
ing and torsion, and therefore also for coupled modes. We can
combine the two into one final scaling equation:

%en = Yeno * 20/% for bending and torsion, all modes,
blades of identical geometry.

This relation tells us that the resonant frequency of a blade
is inversely proportional to its length, as long as basic geometry
is maintained. Since this is the case — within reasonable limits
— for all steam turbine blades of a given category, such as,
for example, tapered-and-twisted low-pressure blades — we
can say that the frequencies of such similar blades are essential-
ly a function of blade length. This is true, to a remarkable de-
gree, regardless of design details and blade origin. The only
major variation is the “slenderness” £/s of the blade, and the
previous equations permit correction of this factor. With this,
basic frequency plots can be prepared, plotting frequency vs.
length (7). These can give us an idea of the frequencies to be
expected with any typical blade, regardless of manufacturer.
Even a dimensionless Campbell diagram can be plotted. Un-
fortunately, space does not permit to include these graphs here.

Natural Frequency of Blade

Turbine Speed, RPM

Figure 12b. Campbell Diagram.

Z-lines represent sources of excitation, as multiples of
RPM. z. is the nozzle-passing frequency. v-lines are blade
resonant frequencies. viare torsionals. Note that pure torsional
modes are not affected by speed.

Intersections are points of resonant operation. Only detri-
mental resonances should be shown. (4) (6)

1.2.3 Mode of excitation

See also previous chapters, especially 1.3, “Steam Stress,
Alternating.” Interaction of excitation with various resonant
frequencies is represented in the Campbell Diagram, Fig.
12h.

-Nozzle-passing: Very strong. Direct resonance as well as
2nd harmonics and subharmonics can be devastating if blade
structure is weak. Nozzle-passing frequency cps=RPM x 6/an-
gle between nozzles. Note that, if nozzle pitch is non-uniform,
several exciting frequencies will occur.

An extremely bad condition results if nozzle-pitch=bucket
pitch or, to a lesser degree, with even multiples or fractions
thereof (Ref. 17). Also, resonant frequencies will shift drastical-
ly. A 10 to 20% margin should be provided.

-Harmonic excitation: With control stages (first stage and
extraction stage) and partial admission stages. Also where
nozzle pitch is non-uniform. Fourier series is used to find har-
monic factors (=severity of excitation for each frequency), and
these are compared to blade resonant frequencies. Note that
exciting frequency of multi-valve control stage differs for each
valve position.

Flow non-uniformities such as windage shields, case open-
ings (extraction, crossover passages, exhaust) also generate
harmonic excitation.

-Blading discontinuities are strong sources of excitation.
Missing diaphragm blades or pitch errors excite all kinds of
resonances. Missing rotating blades at inserting slot excite disk
resonances and diaphragm vibration. The interaction between
rotating and stationary discontinuities can generate very
severe vibrations in both rotating and stationary structures,
most pronounced at 2 x Rev and 4 x Rev.

-Out-of-roundness and runout of diaphragm and bucket ID
and OD. Gives strong excitation with 2 and 4 x Rev resonances,
so does uneven blade tip clearance. Axial gap variations around
the wheel cause strong excitation with all axial blade and disk
modes.

-Obstructions such as struts, ribs, etc. generate excitation
at RPM x 6/angle between obstructions (in cps). The most no-
torious troublemakers are ribs and struts in the exhaust casing,
especially if spaced closer than one blade length downstream of
long blades. 2 x Rev, 3 x Rev, and especially 4 x Rev resonances
with blade frequency are serious (4 x Rev resonance means
blade frequency =4 x RPM). Very bad are ribs and struts up-
stream of blading, and crowded (=high velocity) crossover and
exhaust passages.

-Disk vibration: It is hard to believe that disks can vibrate
so severely that blades are fatigued, but it is a fact, and it is
fairly common, too. Most of the failures occur at % of disk
resonant frequency of the 2-nodal diameter type (Fig. 10c), and
some at 1/6 of the 3-diameter type. Disturbances (windage
shields or admission arcs) of 45, 90 and 180° (2 diameter type)
and 30, 60, 120° (3 diameters) provide strong excitation, usually
in conjunction with missing blades and/or pitch variations at
the inserting slot. Failures are often 90° for 2 diameter mode)
or 60° (for 3 diameter mode) apart. Blades must be numbered
before disassembly and magnetic particle inspection to find this
failure pattern. A disk frequency test (Ref. 3) is a simple way to
verify the resonances. Se¢ Fig. 13 for an idea of the range of
frequencies normally encountered. This is sketchy data, but is
is the best available.
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Figure 13. Order-of-Magnitude of Resonant Speeds with 4 x
Ret. Disk Frequencies.

2-Nodal Diameter Mode. Bladed, Shrunk-on Disks.

.9" and 1.0" Thick disks are straight sided

2.0" and 2.5" Disks are profiled, thickness giten is at hub.
Thin phantom lines are circular plates without holes. (7)

Disk vibration afflicts mostly slow machines (say below
6,000 RPM), having large, thin disks. The % of 2-diameter
mode is so troublesome because most MD turbines are small
and fast, disks having a higher resonant frequency than gener-
ator drives. Therefore the dangerous disk critical speed at = %
of resonant frequency will not be reached, leaving % of disk
critical speed (=% of resonant frequency) as the only commonly
encountered resonance.

Thick, highly profiled disks do not often cause blade fail-
ures. Circumferential cracking of the wheel rim is common if
roots are of the intemally grooved type, especially if without
retaining lips.

Radial disk cracking may occur, starting at keyway corners,
at balancing holes or at comers of bucket inserting slots. This
is very dangerous because disintegrating disks will, in many
cases, penetrate the casing.

-Rotor vibration: Unbalance vibration or any other 1 x
Rev. rotor vibration (critical speed) cannot excite blading,
because the shaft is orbiting with a bow, and not really vibrat-
ing. However, if the orbit, at the stage, is highly elliptical, this
can excite resonances of long blading at 2 x Rev and 4 x Rev.
Non-synecronous modes can excite blade resonances, if vibra-
tion is severe enough. Only long blades are affected, because
their resonant frequencies can be low enough to become res-
onant at 2 to 4 cycles per revolution. One-per-rev resonance is
not encountered with conventional M.D. turbines.

-Rotor torsionals: These can canse blade failures if the
torsionals are at a high enough frequency to excite blade res-
onance and if the wheel is located near an anti-node. However,
such strong torsionals would probably also manifest themselves
by shaft failures, coupling failures, backside contact in teeth
of gears and couplings, and by gear and coupling noises.

-Condensation shock: Where steam expands from dry to
wet, condensation does not occur at the same location at all
times, nor does it occur gradually. Undercooling occurs (Wilson
Lines in i-s diagram), but not as a steady-state phenomenon.

As aresult, a “condensation front” or “shock” is formed, which
pulsates in intensity as well as with respect to its location within
the turbine, jumping back-and-forth across a stage or even two.
Similarly, if the condensation occurs in an expanding (Laval)
nozzle, the shock front pulsates back-and-forth along part of
the expanding section. This will generate pressure fluctuations
as well as wetness fluctuations, which can excite the blade.
Furthermore, it is quite unlikely that the front is perfectly flat
and perpendicular to the shaft centerline. This means the blade
must pass the front two or more times per revolution. We know
little about this process — and we could do nothing about it
even if we knew — but its presence is another reason to make
sure that the best available blading design is used in all stages
which may come within the dry/wet region during any operat-
ing periods, normal or abnormal.

1.2.4 Resonant Stress

This is very difficult to predict accurately, and we can only
present a few basic facts here, to give a feel for the structure
of the problems.

Ta=0hi (7T/8n) Sz az Hn
Where:

oa =Alternating bending stress amplitude, vane or root,
at resonant conditions.

oni =Theoretical (ideal) steam bending stress caused by
the driving force. For the single, free-standing

blade.
7/8n =Vmax Resonant amplification factor (ranges from =
100 to = 300)
On =Logarithmic decrement, containing all forms of
damping.

w
N

=Stimulus factor, representing exciting forces, at
exciting frequency Z (ranges from .1 to .3)

az =Load-dissipation factor, for groups of shrouded

blades, at exciting frequency Z (ranges from 0 to 1.0)

H. =Resonant response factor including mode of vibra-
tion (n), type of fixation and shape of airfoil (taper).
(ranges from 0.1 to = 0.9).

For a major 1st mode nozzle-passing resonance, by the
time all the factors are included, we get a aa of 5 to 40 times
avbi. To get an amplification of 5 requires first class design and
workmanship, for a heavily shrouded blade, with 3-land pine
tree root and root damping provisions.

1.2.5 Some important facts and figures
concerning resonant stress.

a. Resonant speed versus resonant stress.

Since we must accept some resonant conditions, should
we prefer a blade with low frequency or one with a high fre-
quency?

We know how load varies with speed in an existing
stage, but when modifications must be made, where should we
select the speed at which resonance will occur?

Traupel (6) states that, for a variable speed-drive, steam
stress abi — and consequently vibratory stress aa — varies
with the square of the RPM:

Gbi = Qbio (RPM/RPMO)2
and aa = aa (RPM/RPMQ)2

The index zero refers to the design point of the blade.
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This relation is useful in most cases, but it needs some
qualification to avoid improper application:

-The first question concerns the steam stress (or coupling-
torque) versus speed characteristic of the entire unit. Evident-
ly, this varies with application. Basically, if we increase speed
and hold horsepower or steam flow constant, torque moment
— and thereby average steam stress — would decrease as a
linear function of speed: M=63,000 HP/RPM. But in the
normal case — with compressors, pumps, or ship-propulsion
as a load — the horsepower required by the driven machine
varies, more or less, as the 3rd power of speed, and we would
need more steam to accomplish a speed increase. The two
factors together result in a torque versus speed relation of
approximately 2nd power, as was stated by Traupel. If we con-
sider only blade resonance, the resonant stress would vary
by this square ratio, as stated above. There are, however,
many cases where this simple relation does not hold, for
example when anti-surge controls take over, or where we have
adjustable compressor blades (axial), or for starting (helper)
turbines on trains using hot-gas expanders, and for many other
cases. Such applications would have to be studied individually.

To get a feel for the situation, we will use the an = awo
(RPM/RPMo)? relation, but we must keep a few other things
in mind:

-Theoretically, the steam load would be zero at zero RPM.
This is evidently not true for all stages. The first stage blading
of a multivalve turbine experiences its most severe load con-
dition at a very low speed (1st valve open). We can immediately
conclude from this that, for first stages, resonant blade stress
decreases greatly with increasing speed and load, and therefore
we are far better off to encounter resonant conditions at high
speed and high turbine load, when the first stage pressure is
also relatively high, reducing the pressure drop across the
stage. It can be seen that a wide blade with strong shrouding,
and a strong root, offers really decisive advantages for 1st stage
service.

-The last stage of a condensing or anon-condensing turbine
idles — or even “windmills” — at low load, while at turbine
overload it may be exposed to very high loading, especially if
the valves have extra flow margin.

Consequently, steam load increases at least with the
square of the speed, possibly with a higher exponent.

-The intermediate-pressure stages would experience a
steam load variation with the second power of the speed ratio,
essentially as assumed by Traupel.

Within the above limitations we can now summarize as
follows:

-The resonant frequency of a blade of a given length varies
as a direct function of blade width, and therefore the RPM at

which resonance occurs is also directly propotional to blade
width.

obi and oa are proportional to (RPM).*
-obi and oa are proportional to (1/s).*

And we can conclude:

“The resonant stress of a blade of given length will not
vary if the resonant frequency (=resonant turbine speed) is
varied by changing the bade width. This is essentially true for
intermediate and last stage blading.

In other words, no matter at what speed we design the
blade to be resonant within the operating range, the stress will

be about the same. However, manufacturing errors, surface
finish, handling damage, nicks, erosion, etc. will have a stress
raising effect which is inversely proportional to blade cross-
section. Also, a small blade will encounter resonance at a low
speed, and higher modes may come into the operating range.
Both factors are strong reasons to favor the larger blade section
and thereby a high resonant speed. The reduced centrifugal
stress at resonance is the only consideration in favor of a lower
resonant speed. However, this should not be a controlling
factor. If it is, then the blade design is most likely marginal to
begin with.

For torsional modes, the resonant speed can only be varied
by a change of taper or profile geometry. A change of s only has
no effect on the frequency, but the vibratory stress at resonance
is proportional to 1/s.

b. Effect of number of pulses/revolution (=number of nozzles/
circle) upon resonant stress.

An increase in the number of nozzles/circle will lower the
resonant speed, and thereby resonant stress:

“Resonant stress is inversely proportional to the square
of the number of nozzles (or pulses) per revolution” —

20 (Zo/z) :

.

a=a

The number of pulses/rev. for partial admission always
refers to the theoretical number, as if the admission were 100%.

This is, of course, a very effective factor. However, the
risk of exciting higher modes is again in the picture, as is the
problem of manufacturing errors with the smaller nozzles. But
for problem correction this possibility should always be con-
sidered, except for first stages, where a higher resonant speed
is desirable.

This appears very attractive at first sight. But to get the
necessary quality of workmanship in the smaller nozzles (thin
exit edges, split-matching!}) — and then to maintain it in the
field (erosion, deposits, handling, maintenance) — is no minor
problem. As we know, all the above benefits can be lost by
relatively minor discrepancies of the aerodynamic profile of
the nozzles, and then we are facing stimuli of unknown mag-
nitude and frequency. So, evidently, a reasonable compromise
must be found to minimize this problem. Diaphragm deflec-
tion, stress, and vibration are other factors in this picture (these
vary with the 3rd and 2nd power of the number of nozzles).

However, one very important point emerges from this
consideration: Ifaknown resonance exists and it has to be shift-
ed to a more convenient area within the operating range
(assuming we cannot shift it above or below the operating range)
by a change of nozzle pitch, the resonance should always be
lowered — the number of nozzles increased — never the other
way around, except if strong higher modes must be considered.
If failures have occured and the resonant speed were to be in-
creased, failures would then recur after a much shorter period
of resonant operation, possibly even as a result of momentary
resonant operation. This holds for intermediate and last stages
of multistage turbines, and for single stage turbines. For first
stages, the opposite is true.

1.2.5 Summary of Means to Adjust Resonant Frequencies and
Stress.

a. Change blade frequency by changing cross-section (s).

b. Change exciting frequency, for example, number of blades
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per circle of the diaphragm. Resonant stress varies with
square of nozzle pitch, for all but 1st stages.

c¢. Use airfoil damping (lashing) wires.
d. Use root damping wires.

e. Combine individual blades into groups, using shrouds
and/or lashing wires. Use stronger shrouding.

f. Use better material (titanium)

g. Use axial pins through base. This will raise frequency and
improve mode factor H (fixed at base) and it will provide
significant damping. This has proven very effective after
blade failures, especially of the types induced by disk vibra-
tion and shroud group vibration. This fix can often be made
in the field, on the spare rotor, or with a minimum of delay
at the factory.

h. Reduce exciting stimuli by avoiding ribs, out-of-roundness,
mismatch at split. Avoid damaged or inaccurate nozzle pro-
file and variations of nozzle geometry. Provide very precise
manufacturing techniques for all contours in the steam flow-
path. Avoid hand-blending and/or “touch-up” of steam-path
contours. Providing first-class hardware to begin with.

i. For last stages, use exit diffusor (machined!) to reduce
buffeting during off-design operation, and to obtain smooth

flow behind the blade.

j. Last but no least: Provide a high degree of manufacturing
accuracy and quality control to obtain dimensional accuracy,
adequate surface finish, and absence of accidental damage.

k. Provide means and procedures to maintain this high degree
of quality during operation and maintenance.

1.3.0 Operating Environment

1.3.1 Stress corrosion:

Rare with blades, but fairly common with rotors, where it
has caused some catastrophic failures. Fracture would be inter-
granular and branched. Usually the part disintegrates into
many pieces. It is caused in stressed parts by corrosive steam or
by standby in corrosive environment (chlorine in moist atmos-
phere, for example; or leaving a turbine open with inadequate
weather protection). At standstill, the necessary static stress
component is residual stress, mainly at or near areas where
local yield or creep has occurred during operation.

1.3.2 Corrosion-fatigue:

Perhaps the most common single factor in blade failures
in the wet region of turbines, affecting especially the dry/wet
area near the saturation line. It is well described by Barer &
Peters, (Ref. 1):

“—It is commonly accepted engineering practice to con-
sider that the “endurance limit” of steels is approximately half
their ultimate tensile strength. Of course this is lowered by
even minor imperfection in surface finish and by other variables
which may affect the surface. It is also generally accepted that
there is no endurance limit when any corrosive action is present;
that is, the level of stress which the sample will with-
stand continues to fall with increasing number of cycles. To
give some feel for the magnitudes involved, a steel of 200,000
psi ultimate tensile has an approximate endurance limit of
100,000 psi (in a smooth surfaced fatigue specimen) and a value
of some 8,000 to 10,000 psi after several million cycles in sea

water. This compares with some 30,000 psi for monel or 60,000
psi for titanium under the same number of cycles in sea water.
Corrosion and cycling stressing acting jointly are more severe
than might be expected cumulatively from each. One factor
which influences this could be inability of the metal surface so
affected to either develop a protective oxide film or even a
partly protective corrosion product film. In fact, it seems likely
that corrosion products would function in a wedging fashion to
intensify stress at the advancing front.—”

“—Corrosion fatigue is usually transgranular, displaying
thereby little concern for the microstructure. The transgran-
ular behavior demonstrates the primacy of the mechanical or
stress cycling component. It is also likely that some intergran-
ular action might accompany corrosion fatigue where the
fatigue component is small or absent for various periods. Along
similar lines is the corrosive action proceeding at right angles
to the corrosion fatigue crack.—”

This is a pretty grim picture indeed. To get any definitive
safety factor at all, we must either keep the steam completely
free of chemlcals or completely eliminate all alternating
stresses. Otherwise we will be confronted with the fact that
the material has no endurance limit, blade life being limited to
a certain number of cycles, see Fig. 14. Considering that the
nozzle-passing frequencies are in the order of magnitude of
one half million per minute, and more, even a life span of 100
billion cycles is no consolation, because it would cause a plant
shutdown about every half year.

Evidently we must compromise, keeping the steam as
non-corrosive as possible, while using the strongest possible
blade structure and the best quality available, in conjunction
with a low steam load. The dry/wet stages cannot tolerate sig-
nificant resonances. This may require limitations on operating
speed and load, especially while passing resonances during the
starting cycle. Standby (crevice) corrosion must be avoided at
any cost.

Titanium alloy blading is far less sensitive to corrosion-
fatigue, titanium being essentially a noble metal. This, in con-
junction with its much lighter weight and much better strength
and ductility, makes titanium an ideal solution for problems
in the dry/wet and wet area. Improvements of safety factor
between 5 and 15 are feasible, depending on conditions.
Operating experience — although limited to a few hundred
wheels — has reportedly been excellent.
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Figure 14. Effect of corrosives on fatigue strength. 13 Cr
stainless steel.
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With increasing material hardness, 12% Cr Stainless
(types 403 and 422) becomes progressively more sensitive to
corrosion fatigue. Therefore, yield strength levels much over
90,000 psi can be quite detrimental.

Silica in the steam forms deposits which can trap the corro-
sive chemicals, making the situation much worse. See “crevice
corrosion.”

The more common offending chemicals are:

-Chlorides, carbonates, COz, caustics, etc., from boiler feed
water treatment or raw water. Gets into turbine by means
of carry-over, priming, etc. May also be injected into steam
in desuperheater, if boiler feed water or contaminated con-
densate is used. Boiler feed is often injected during plant
start-up, which is especially bad, because this is when res-
onances are encountered in many stages. Also, the resulting
contaminated condensate is being recirculated into the
desuperheater. Seawater leakage into condensate is another
source of contamination.

-Sulfides (Hydrogen sulfide) and syngas (ammonia), by way
of leaking heat exchangers.

The weakening effect of corrosives has been included in
the Goodman diagram, Fig. la. Both this figure and Fig. 14
are not very satisfactory because we have no distinction of
chemicals or concentrations. However, it is based on the best
data available, in an attempt to get some usable numbers re-
flecting conditions in an average process plant. It is felt that
these stress levels will allow about one to ten billion cycles.

A few minutes of exposure to chemical action (=a few
million cycles) can be enough to cause failures, if conditions are
unfavorable.

The typical fracture appearance shows all earmarks of
fatigue, including transgranular cracking. If no more corrosion
symptoms are evident, it may take examination by means of a
scanning electron-microscope to distinguish between fatigue
and corrosion fatigue. However, quite often there are other
indicators to make this unnecessary:

-Fracture-surface discoloration: Can range from deep
purple to light blue, and from deep tan to a shiny gold.
Virgin fractures must be examined, breaking cracked blades
after cooling them in liquid nitrogen. Sometimes a good
blow with a sledgehammer will do, without cooling. If
beachmarks show boundaries of varying color intensity,
the number, duration, and severity of chemical exposures
can be estimated. Remember that the fractures cannot have
blushed from heat. First of all there is not heat in the low-
pressure end (light blue = 600°F), secondly this would re-
quire air in the crack, which is also not present.

-Branched and/or (partial) intergranular cracks.

These symptoms permit positive identification. Another
clue is the crack origin at a corrosion-pit, but this is not positive
proof. To round out the picture of the corrosion-fatigue syn-
drome, here are some additional items of evidence:

-Boiler running at a high steaming rate.
-Problems started after steam system modification.
-Failures occur in certain seasons (cold winter!)

-Turbine internals corroded. Corrosion pitting on wheels,
shaft, casing.

-High-pressure and intermediate blading coated white, with

salt (taste) and/or silica deposits. Low-pressure blading is
black, brown or clean (deposit washed off by moisture).
Failures are in white-to-dark transition region.

-Repeat failures in the same stage even after blading has been
improved. Especially if resonant frequencies have been
changed.

-Failures have occurred in several rows in the wet end. These
blades cannot all have been resonant at the same time
(lengths are different).

-Turbine has been started frequently or has been operated
at off-design conditions, especially if this has shifted the
dry/wet line into the failure zone.

To detect the presence of chemicals, periodic sample test-
ing is required. Conductivity of steam and condensate should
be continuously recorded at several locations in the system.

1.3.3 Standby Corrosion

Blades fail from fatigue, initiated by crevice corrosion or
surface pitting. Occurs during shutdown (a few days are
enough, sometimes only hours) with air, moisture, and corro-
sives in the turbine. Typical settings are:

-Drains going to a common header or sewer, perhaps even
into a compressor drain containing gas. All drains should be
individual and visible.

-Sealing steam not turned off; inlet valves or extraction valves

leaking.

-Moist climate, corrosives in air (chlorine, ammonia, hydro-
gensulfide, nitrogen oxides).

-Turbine filling with water. Up-exhaust turbines are notor-
ious for this (on one job turbine filled with seawater leakage
every week — to the top). Watch for water coming out of
seals, and for water-level marking on internals.

-Trip and throttle valve stem leakage piped to gland con-
denser from there the vapors back up into the turbine.

-A common condenser serving more than one turbine. One
machine running, the other shut down.

Appearance of all internals is rusted and pitted, with no
preference for hot or cold section. But either top or bottom may
be worse.

Crevice corrosion occurs if corrosives get into root crevices
(this in itself is a prime piece of evidence). The process is well
described by Barer and Peters (1):

“—An interesting, and in some ways insiduous type of ac-
tion, is known as crevice corrosion. This is the corrosion that
occurs under debris on a surface that is infmersed, under wash-
ers or gaskets, or between sheets of similar metals. It is the
effect which can be harnessed to cut a piece of immersed stain-
less steel with a rubber band. (The rubber band shields the
metal beneath it, which then becomes an actively corroding
area which in time crumbles and the rubber band slowly ad-
vances.)

“The action is related to the difference in oxygen available
in the freely aerated surrounding solution and the more limited
supply in the film of liquid trapped in a crevice. The resultant
effect is particularly strong with those metals such as stainless
steel and aluminum which depend on oxygen availability to
repair weak areas in their protective oxide films. Under a
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deposit or other crevice, there is insufficient oxygen and, cou-
pled as it is metallically to the rest of the metal which has access
to plentiful oxygen, there is a strong tendency for the sheltered
metal to become an anode and the remainder, a large cathode.
A corrosion cell is thereby set up and the action can be in-
tense.—"

The blade failure — which occurs much later, in service —
shows the typical symptoms of corrosion-fatigue, or even stress
corrosion. But there are strong signs of corrosive attack in
crevices, and deposits of the offending chemical are present.

Standby-corrosion may cause stress-corrosion cracking of
disks, especially inside the keyways. This is exceedingly
dangerous, since often it cannot be seen without rotor dis-
assembly.

Prevention, in order of preference:

-Nitrogen-purge. Start purging immediately after arrival
of turbine on jobsite, because much irreparable damage
occurs during storage and erection.

-Instrument-air purge.

-Hot air ventilation.

-Use of ventilation stack in conjunction with drains to set up
air circulation. OK if air is clean and dry.

The steamline between shut-off valve and trip valve
should be ventilated (stack and drain).

The gland condenser and its drain and water seal deserve
special attention, as corrosives and moisture can be sucked into
the machine via this route.

Watch any drains which are combined with others and/or
not fully visible!

1.3.4 Erosion by Water Droplets

Causes failure by means of nozzle-erosion and consequent,
strong blade excitation, at unpredictable frequencies.

Eroded buckets may fail from the effect of stress con-
centration generated by the erosion.

Failure appearance can be pure fatigue or corrosion
fatigue.

Remedy: getrid of water by means of drainpots and drain
in each wet stage, as well as by other erosion-preventing mea-
sures (check for steam quality, water leakage into up-exhaust
turbines, etc.).

2.0 Engineering, Design, Service Conditions

General: The following explanations will concern only
selected items from the table. Correlation of the other items
will be self-evident when referred to.

2.1.1 to .3, Blade design:
Design features most frequently causing failures are:

-Insufficient radii at fillets.

-Square shroud holes, especially with sharp corners.
-Top of foil not contoured for shroud radius (Fig. 15).
-Inserting-slot too large, weakening adjacent blades.
-No root retaining lip (Fig. 12a).

-Root lands not curved, giving edge-contact (Fig. 16).
-Excessive tolerances and rough surface finishes.

This is the only

Point of contact Shroud
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Figure 16.
a. Edge contact in straight roots

b. Reduction of stress concentration by means of undersized
radius-of-curcature. This reduces risk of failure very signif-
icantly, especially with small wheels andfor larger blades.

(7)

-Nozzle pitch variations.
-Ribs and braces in steampath.

-Excessive pressure-drop for nozzle area-ratio (expansion
ratio).

2.1.4 Staging, common problem areas

The first and last stages “take the swing” when throttle

flow changes: At low flow, the last stage no longer gets suffi-
cient steam volume to build up an effective pressure drop, and
it begins to idle, or “windmill” (i.e. to consume power instead
of generating it). The intermediate stages now all operate at a
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lower pressure, but quite efficiently and with good pressure
ratios, because the lower pressure gives them enough volume
flow {(cu.ft/sec.) to make up for the reduced throttle flow
(Ibs/hr). The first stage pressure (behind the first wheel) is
greatly reduced, about proportional to throttle flow. The worst
condition for the first stage buckets exists when the first valve
of a multi-valve turbine is just wide open. Then the first stage
pressure (p2) is still quite low and there may exist an enormous
pressure drop across the nozzles. The low blade exit pressure
plus the high pressure drop (and corresponding BTU drop A h)
cause a very high bucket exit velocity, and thereby a most
severe stress condition — far worse than during normal opera-
tion. At turbine overload, the first stage is very lightly loaded
or even idling. In addition, because the nozzle pressure-drop
is so very high (for example 10/1 for 1,500 psi to 150 psi), we
have hypersonic flow conditions with a high jet-deflection,
afterexpansion, supersonic shock fronts (and their reflections),
a shock front across the bucket inlet passages, and a high
pressure-drop (=reaction) across the buckets, resulting in —
among other things — a high pressure-drop across the shroud,
as with a pressure vessel wall. This can simply lift a riveted
shroud off the blade, fatiguing the tenon or the shroud itself.

An integral-plus-riveted double shroud is much stronger
in this respect.

With compressor drives, this condition occurs at process
startup, at reduced speed. Then Mz is even higher, and with
it the stress levels. Also, resonant frequencies will be en-
countered. In other words, the blades get an unbelievable beat-
ing under such conditions, and the machine may run like this
for hours. Where this kind of operation is required, throttling
with the trip-and-throttle valve would help, by reducing the
nozzle inlet pressure and thereby M. A better solution would
be to arrange the valve opening sequence so as to lift the first
few valves in parallel.

The situation described above is, of course, a main reason
for the many first stage blade failures encountered in the past.
Where this condition exists, an analysis of first stage bucket
stress under normal operating conditions is of little value. For
turbines to be operated at part load, the one-valve-open con-
dition must be checked. A first stage ofa variable-speed turbine
should be strong enough to operate continuously on any res-
onant frequency, for all predictable operating conditions.

Intermediate stages:

The intermediate stages are protected against overload by
the first and last stages of the turbine. During off-design opera-
tion, steam stress cannot get out of hand in the same manner
as with the first and last stage. Stages with partial admission
may have a high oscillating steam load, but the main problem
with intermediate stages is corrosion fatigue.

High steam stresses may occur in the last stage before
a controlled extraction — which is essentially a last stage (an
extraction turbine is composed of a high pressure turbine and
a low pressure turbine in tandem), therefore such stages are
exposed to the same hazards as last stages of back-pressure
turbines. Especially operation with low extraction-pressure
during start is risky.

Split-flow machines (such as turbines having double-flow
or triple-flow exhausts) usually have a highly loaded stage be-
fore the flow division. At this point the blading is generally
relatively long, and at a relatively high pressure. Often, this
stage also has a high BTU drop because it is desirable to have
the double-or-triple-flow division as far downstream in the
turbine as possible, for reasons of cost, compactness of the

turbine, and critical speed. This stage deserves special atten-
tion, especially if it lies in the dry/wet region. Because axial
spacing is at a premium in a high-speed turbine, sometimes the
exits of such stages are also obstructed, and perhaps even par-
tially blocked with ribs, pipes or other structural items. If the
crossover is internal (no external pipes) strong 2/Rev. and
other harmonic excitation will result from the flow assym-
metry.

It is important to keep in mind that all the steam dis-
charged in one half of a stage must cross the horizontal split-
line to get to the extraction-opening or cross-over opening in
the other half of the turbine casing. It is a good idea to make a
simple check of the steam velocity across the horizontal split-
line, to see whether velocity (=pressure fluctuation) is exces-
sive. Remember that the steam flow coming from one half of the
case may run crosswise to the steam flow discharging from the
blading in the other half. This can cause flow obstruction and
pressure fluctuation at the bucket exit, and it can be a major
stimulus for bucket vibration.

Multivalve re-admission stages behind a controlled extrac-
tion must be considered in the same way as first stages. At
minimum flow to condenser the stresses can be very high, be-

cause of the combination of the relatively long blades and high
Mach Number.

Last stage:

-Condensing. The hazards of overload caused by excessive
vacuum have been mentioned before. Ribs in the exhaust case
and crowding of steam flow across the split are also a very im-
portant factor. If the stage is properly designed, and run at
normal or maximum operating conditions, the steam stresses
on the blading are relatively low, because of the low exit pres-
sure pz2. Centrifugal stresses are the main factor in this stage
and, of course, vibratory stresses, because the net amplifica-
tion factor is high.

However, the last stage may be crowded (M>1.15), even
at normal operating conditions, if the blading is too short for
the steam flow. Then, the exhaust pressure at the blade throat
is considerably higher than the condenser pressure, and the
steam will expand again after leaving the bucket throat, as it
enters into the exhaust hood behind the blades. This is essen-
tially the same situation as would result from operation with
excessive vacuum, but it is even worse because the throat
pressure in the bucket is higher than designed, in addition to
a possibly very high Mach Number. Usually the exhaust casing
is also built undersize with such machines. This can be verified
by checking the steam velocities across the horizontal split and
at the exhaust flange.

If failures are caused by this mechanism and/or overload,

the exhaust pressure can be increased so as to get Mz down to
1.15-1.25.

-Non-condensing turbines:

Conditions are similar to condensing turbines, especially
with respect to operation at the proper backpressure. Too low a
backpressure can cause the strongest buckets to fail. Warning
devices for low backpressure would be very valuable, but are
seldom used in practice. The last stage blading of backpressure
machines is often relatively short and there is a danger of
excitation at the nozzle-passing frequencies as well as har-
monics or sub-harmonics thereof. Both steam stress and
centrifugal forces are important. Corrosion fatigue is often a
problem because the last stage may operate in the dry/wet
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region. If failures persist and temperatures are not too high,
titanium blading may provide an answer in such cases.

2.2 Material

Quality is important, not just physicals and chemicals.
Material of all failed blades should be identified. Not that high
yield strength and hardness will not improve the endurance
strength beyond a certain point, if corrosive environment is
considered. If yield strength is much above 90,000 psi, material
becomes susceptible to corrosion-fatigue.

12% Cr Stainless, types 403 and 422 (hot region) are stan-
dard, but do not overlook the possibilities of titanium in the
lower temperature zones, especially below about 450°F. It is
by far the best way to get out of serious corrosion-fatigue and
erosion problems, since it does not require time-consuming
design changes.

2.3 Manufacturing

About all items listed occur frequently, with careless
assembly, surface imperfections, and dimensional errors head-
ing the list.

2.4 Stage Environment and Operating Conditions

Most frequently, improvements can be made by avoiding
operating upsets (don’t “jockey” the machine at the slightest
pretext), by providing clean steam and correct steam condi-
tions. It is sometimes incredible how much actual operating
conditions (vacuum!) vary from design.

2.5 Maintenance
Frequent problems arise from:

-Improper blade replacement procedures (locking pins not
fitted right, inserting slot elongated).

-Not all blades of a wheel replaced after a fatigue failure.
This is a frequent mistake. And then people are surprised
when they have one failure after another!

-Abrasive blasting used to remove deposits. A very common
problem. It can change the contours (trailing edges), leaving
stress concentrations. Shot-peening layers will definitely be
damaged, leaving the blades with residual stresses and
minus the considerable benefit of the peening-layer.

3.0 Symptoms and Evidence
3.1 Failure location (fatigue failures), on blade assembly

This can provide good clues concerning the destructive
mechanism.

-Failure in shroud or lashing is proof that the shroud or lash-
ing assembly was too weak to perform its function to dissi-
pate oscillating loads (by averaging the pulsations on each
blade in such a way as to cancel the total for the entire packet
— as far as possible). This could be a result of design weak-
ness, unexpected resonances, corrosives, or manufacturing
deficiencies (shroud not pulled down). Usually several of
these factors are involved.

At foil base or root: With long blades this indicates a prob-
ability of resonance. With shorter blades, it is a sign of in-
sufficient shroud stiffness, or of a poor shroud dissipation
factor (@), or of a weak blade design (too narrow, poor root).

Always check for poor shroud design and/or assembly, and
for fretting marks at all contact points.

-Foil, other than base: Higher mode resonance.

-At or near locking piece: Slot too long, pin improperly
fitted, blade (if used) at end of shroud packet (=high stress),
disk vibration (locking blade is source of excitation)

-Wheel root: Very rare with straddled blades. Common is
circumferential cracking of wheel rims with internal roots
not having restraining lips to hold the rim together (a low
performance design). See Figs. 17 and 18. These failures
indicate see-saw modes of the packets (which are encouraged
by these weak rims), often in conjunction with disk vibra-
tion, corrosive action, poor shrouding.

Figure 17. Pull-test showing effectiveness of retaining lips,
preventing rim-bending. (6)

Figure 18. Typical rim failure caused by axial vibrations and
lack of retaining lips (see Figure 17). Shims in crack are 4 mils
thick. (8)

3.2 Fracture Analysis

See “Failure Mechanisms” for correlations. One can get an
idea of fatigue damage accumulated in apparently healthy
blades by holding the root of a blade firmly (1) in a vise, with
top of jaws at failure location. Then bend blade with a long pipe
and/or hit hard with a sledgehammer. This sometimes tells a
lot about remaining ductility. Some of these blades may break
like a poor grade of cast-iron (especially the ones having cracks),
showing very little ductility and a very coarse fracture surface.
This gives a clue about magnitude of stress-levels involved, and
their distribution around the wheel and within the packets.

3.3 Surrounding Evidence

Most correlations will be self-evident from the table. Note
that water slugging will bend the blades backwards.
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If blades are loose in the wheel, look for a disk-vibration
pattern, and for evidence of overspeeding (reverse rotation).
Otherwise either poor fit or excessive stress, centrifugal or
steam. Can be caused by water slugging or water washing.

Axial rim rubs not uniform around the circumference of
rim, shroud, or blading may indicate heavy disk vibration.
Look for pattern.

3.4 Failure History

Failure shortly after original start-up, or while bringing
the plant to capacity, often indicate inadequate design and/or
construction, but also steam system problems. Failures may
occur after steam system modification (more load on boiler, new
boiler onstream, pipe slope shifted and dumping water).

3.5 Operating Symptoms

Blade failures give little or no warning, but sometimes
one can spot conditions which may lead to failure. A very high-
pitched noise may indicate disk vibration. If so, it would dis-
appear completely with a minor speed change (10-20 RPM), as
these resonances have a very sharp peak.

Taking a vibration spectrum on shaft, case, or steam (noise)
is probably the best way to get some data suitable for monitor-
ing, See Fig. 19 and Ref. (2).

| VIBRATIONS INCREASE -
: AT 4600 RPM
AT AR .

“¢@ - BUADE NATURAL FREQUENCY
INCREASES WITH SPEED

4 0 700 800

FREQUENCY-Hz

Figure 19. Excitation of lower blade natural frequencies as a
function of speed (Hydrocarbon Processing, April 1974).

Compressor surging, if prolonged, can be murder for the
blades if it causes speed cycling and/or governor action, be-
cause it is very likely to cycle one or more stages through
some resonances.

Note that water slugging can be detected by watching the
governor valves. As the water slows the unit down, the govern-
or valves will open wide to maintain speed, then close, and
finally come back to normal. A valve-position recorder (must be
fast — no 16-point recorders!) can be used to verify this. A
real fast thermocouple in the steam line can also be used, but
it is not as foolproof.

Water slugging is also a prime cause of rotor-bow, casing
distortion, nozzle-bowl-cracking and thrust failures (always on
active side). This gives another clue.

4.0 Investigation Procedure

It is obviously not possible to cover all types of problems
and possibilities. A few general rules are given below, for a
grass-roots type of investigation. See also notes on chart.

4.1 Inspection

-Open turbine as soon as possible after failure. Be present
when turbine is opened.

-Keep away people with rags, scraping knives, and an uncon-
trollable urge to touch things — such as failure surfaces,
coatings, etc.

-Take photos, notes, samples of deposits. Make sure to get
precise condition and position of nozzles, windage shields,
flow obstructions. Wrap fractured blades in clean rags, then
put in box with small bag of silica gel (“De Moist,” available
in hardware store), seal box with tape.

-Spray thin film of clear lacquer on exposed fracture surfaces
in rotor (later to be removed with acetone).

-Remove rotor to shop for disassembly. Don't let people
touch anything they don’t have to handle! Don’t allow
blast-cleaning, oiling, or any surface treatment.

-Carefully inspect shroud assembly (check for clearance with
feeler-gauge). Take sample of any deposits under shroud,
check for looseness, rubs, unusual flow-markings, tightness
oflocking assembly. Check for tight packing in wheel (feeler
gauge). Bump-test wheel (3) to get an idea of disk frequen-
cies. Note sound of wheel and blades when tapped. If wheel
sounds dull, make sure to magnetic-particle check for
cracks, especially keyways, shaft-disk junction (if integral),
inserting-slot area.

-Number each blade at top and bottom using electric pencil.
Make map, to full scale, showing packet locations.

-Remove blades very, very carefully, paying special attention
to inserting area. Be there to witness. Make sure to give
complete instructions. Don't allow lubricants (penetrating
oil) unless there is absolutely no other way. Inspect each
blade as it comes out. Put in special, flat, clean box in same
circle as original assembly, print of map on bottom. Check
each blade for tightness of assembly before removal.

If blades are shrouded, cut foils in half in lathe or band

saw (preferred). This is why we need two numbers per
blade.

-Have all blades magnetic-particle inspected for cracks (Dye-
check is no good for this). Mark location of cracked blades on
map, with details. Check failure pattern for signs of wheel
vibration (90 and 180° or 30-60-120°).

-Break cracked blades. First try to break at room tempera-
ture, noting signs of embrittlement and loss of strength,
mark this on map. If too tough, cool blades in liquid nitrogen
and try again, using impact.

-Immediately register (and photograph) any coloration of the

fatigue portion of the fracture surface, other than silver, or
grey. Preserve blades in dry-box, for immediate metallur-
gical inspection.

-Go through complete final inspection, including surfaces,
dimensional accuracy, metallurgy, etc.

-Go through operating logs, inspect installation, boilers,
feedwater apparatus, piping, condenser, drains, plant his-
tory, turbine history, history of other turbines and steam
users.



STEAM TURBINE BLADE FAILURES, CAUSES AND CORRECTION 27

1

|
_ROOT PyLl-TEST, EXANPLE. ‘
. .. {HISH-PERFORNANCE, AVIAL ENTRY fooT )

FIATERIAL, 403, 8y = 90,000 Ps!

I Y
e

i
Hdo AL e . R H R

. P v 1 : . .
CACULATED 4gmaﬂ'ﬂ_y/;¢a YOAD b

! ;
JOR i : :
| R AR R SN i C e e

g [|J; [ v 1 -

1773 A IO U R AU O R
NS "7 ; T A
ol N AN 1 . ‘ B AN NV U OO
; I_; i I e Rt it et F S
. . . o R R
; :l ) I 1 epes E'LZ&EENP_M;QIE?‘&],“.... e
L, ; ‘ﬂ_z%MIQJgﬁgA._;_. A L ;._'___
L sl L. | TAX-DESHN SEED| S S
1 - ;
—e i P e
=i B
YT L
et | IR S— - :
DR N Y 7 , e Ja0 .. o P5¢ E. AT . iR ..
(b e sterapman deds g

Figure 20. Pull test of axial-entry, 3-land pinetree root,
mounted in a wheel rim section.

Note successive loading and unloading, for the purpose of
finding yield point. Ref (3) (7)

5.0 Remedial Action

Regardless of the type of failure, a few improvements
can usually be made. This list describes possibilities in se-
quence of effectiveness. The obvious improvements of quality
of hardware, steam and operation are not listed. Neither are
solutions requiring re-design. Of course, stresses must be
checked and adequate procedures used.

a. Hardware

-If in cold end, use titanium blades, with vacuum-welded
shroud.

-If blades are 1” or less in width, silver-solder shrouds to
blade tips. New blading only, as it requires surface prepara-
tion. Requires careful metallurgical control. Steel tempera-
tures not to exceed = 1300° , cool very slowly to prevent air
hardening.

-Use heaviest possible shrouding. Consider titanium shroud.
Check centrifugal stress. Cannot make shroud heavier if
g-load is over = 35,000.

-If centers of gravity of root, foil, and shroud are not in a
radial line, or with packer-type blades, get correctly propor-
tioned, integral blades made, with same root, airfoil, etc.,
to fit the existing disk.

-Install additional lashing wires, if blade is long.

-Install damping wires or strips in root, possibly in shroud.

-On existing assemblies, install axial damper-pins (1/6 to
1/8" Dia) through root platforms, between blades.

b. Operational

-If first stage, throttle on T&T valve until governor is nearly
wide-open. This increases steam consumption but lowers
pressure—drop across first stage to the minimum. Make sure
T&T is suitable for continuous throttling and that it will
trip reliably in part-open position (some don't!). Always
start on T&T and don’t go on governor until full continuous
operating speed is reached. Then open T&T very, very slow-
ly, taking about % to one hour to open T&T, after full speed
and load has been reached. Don’t “spin the valve open!”
It is bad in many ways.

-If last stage, check blade exit velocity, adjust backpressure
to stay at a Mach Number of = 1.15.

-If an intermediate stage is in trouble, go for lowest possible
steam flow.

APPENDIX

BLADE STRESS EVALUATION PROCEDURE,
AT ROOT OR FOIL

This method is based on Traupel (6), but has been exten-
sively modified and condensed. The procedures for single
nozzles were added.

1.0 Input Data
1.1 Stresses; all are without stress concentrations

0; = Caused by pure centrifugal tension, without any
moments.

Ope = Centrifugal bending (c.g. offset)

Opi = Average, ideal steam bending stress for the free-
standing blade, caused by steady driving force. Any
load reduction caused by shroud or lashing, or vibra-
tory amplification, will be reflected in oa.

Op = Average steam bending stress, including stiffening
effect of shroud and lashing.

* g, = Bendingstressamplitude (=o' 'V § a H) for vibratory
bending
1.2 Crush stresses on lands; all are average stresses.
p; = Caused by pure centrifugal tension
Ppc = Caused by pure centrifugal bending (c.g. offset)

Ppi = Caused by pure, ideal steam bending, equivalent to
Obi

pp = Caused by pure steam bending, including stiffening
effect of shroud and lashing, equivalent to ob.

p, = Caused by vibratory bending stress amplitude oa.

1.3 Stress correction factors

Kz = Geometric stress concentration factor, tension (Peter-
son [11] p. 113, Figs. 103 to 107)

K{)= Geometric stress concentration factor, bending
(Peterson p. 113 & Fig. 108)

q = Notch sensitivity factor (Peterson p. 9 & 10, Figs.
8,9, & 10, Eqn. 14)

Kt=q(K’t-1)+1 }
K, =q(K}-1)+1

Stress concentrations including notch
sensitivity
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b = Surface roughness factor: RMS| b
(non-reversing stress)

for 90,000=0y.
If higher oy,
63 |.85( subtract 0.015
32 1.98} for each 10,000
psi over 90,000.

K, = Crush stress distribution factor. pmx = 1.5 See Fig.

P A-3
ft = Temperature correction factor, applied to material
strength
1.4 Material properties
0, = Ultimate strength, at opertaing temperature.
0, = Yield strength, at operating temperature.

2.0 Stress Evaluation; Full Admission Stages

Criterion #1:

To be determined for
both trip speed (obi
+0.= 0) and for most
unfavorable operating
speed.

OmaX < 2 ft Oy

Figure A-1. Relationship of centrifugal and alternating stress.

“The peak stress, at the stress concentration, must not
exceed twice the yield strength of the material.”

This prevents reversing yield and consequent material
embrittlement. Stress concentration factors are applied to all
stresses, static and dynamic.

Omax = Kt Oy + Kb (Obc t 0y + Oa)

Criterion #2:
At most un-
favorable
combination
of load,
speed, vi-
bration, and
environ-
ment.

oy t Kpo, < 0.65bf, (0, + 0ry)

“Combined static and dynamic stress at the peak of the
cycle must not exceed 65% of the combined static and dynamic
endurance strength of the material.”

This criterion protects against fatigue failure. Note that the
0.65 safety margin is applied to both static and dynamic
strength, givinga considerably higher margin to the endurance
portion.

Oy = 0t oy + 0, = Static mean stress, without stress con-
centration.

Oern = Endurance strength of material, read at mean stress
ow from the Goodman diagram, for the applicable
environment and corrected for temperature. See Fig.

1.
Criterion #3:
At trip speed and at most un-
favorable comb1pat19n of Pmax < ftoy
load, speed and vibration.

“The maximum crush load on the root projections (lands)
must not exceed yield strength.” Since, with normal dimen-
sioning, max. shear stress (in the 45° planes) is a direct function
of max. crush, this protects against shear-induced failures (low-
cycle fatigue, embrittlement caused by reversing yield, conse-
quent reduction of fatigue strength).

Pmax = Kp (ﬁt + ﬁbc + [_)b + I_)a)

Note: The crush-load criteria safeguard against excessive shear
stress in the 45°, maximum shear plane A-C. This is only appli-
cable if plane A-C has minimum dimensions as shown at right,
for contour II. Contour IIT would be insufficient, requiring
additional stress corrections. Contour I is as used in Petersons
tests.

[ 4
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Figure A-3. Location of important stresses in a root projection

(land). (6)
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Criterion #4:
Both at trip
speed and most
unfavorable
operating
speed.

Pmax < bf; (P t %em)

“The maximum crush load on the lands, at the peak of the
cycle, must not exceed the combined static/dynamic endurance
strength of the material.” This protects against shear fatigue.
An appropriate safety factor is inherent in the derivation of
this relation.

Pmax =same as for #3, including various operat-
ing conditions, but also including environment.

Pm ¥ %m is determined in the same way as (O, *
Ocm) for #2, disregarding the theoretically negative sign (=
compression) for p .

Pm = K (Pt Puc t Pp)

3.0 Stress Evaluation, Stages with Individual Nozzles
and/or Partial Admission

If represented as under 2.0 the bottom of the non-
resonant cycle would be below the centrifugal stress level
which, for non-amplified conditions, is not reasonable.
Evidently, the steam bending stress ob must be multiplied
by Kb for this case, to find the correct mean stress.

3 - ‘5 JET CPOSS SECT/ON
£ -

Jq = K‘d’é /: R A 3,”

Kb d4 \_/

AT oy WOLYIOUAL ROUND JETS

—— t/ 34
Figure A-4. Stress versus time, round jets. (7)

Procedure:

3.1 Partial admission

Criteria #1, 3, & 4: Not affected, but pmw must be cal-
culated for top-of-cycle loading.

Criterion #2: Same relation, but om = ot + ohe + Kb onh.

¢

FIBRATION

-3 CYCLING DRIVING FORCE
evrrie. T4
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ad

Figure A-5. Stress versus time for partial admission nozzle
blocks and diaphragms. (7)

3.2 Individual jets, non-vibratory (Fig. A-5)

a. round jets (drilled-and-reamed), procedure:
-Get driving force per nozzle, assuming 100% blade efli-
ciency.
-Find active blade/nozzle = nozzle 2./blade pitch, and
get average driving force/blade.
-Max. driving force/blade = 1.3 x average, at center of
steam-jet ellipse.
-The stress amplitude resulting from % of this force, mul-
tiplied by Kb, represents both Kvon and the non-vibra-
tory cycling stress amplitude o

O = 0¢+ 0pe T Ky 0y 0, = Ky0p
Use equations in the usual manner. Vibratory amplifica-
tion and/or load dissipation (shroud) will apply to the vibra-
tory component of . — especially shroud dissipation a.

For non-resonance ob=obi V S @ H becomes o, all
other factors being 1.0. In case of vibration, the bottom of
the cycle will extend below the stress existing between jets
— Ot + Obe.

The second row of the Curtis stage must be calculated
the same way, because the jet from the nozzles will essen-
tially permeate the first row and reversing row, giving the
same basic load pattern, plus another exciting frequency
from the reversing blades.

b. Square nozzles (milled or cast)

Use same procedure, but do not multiply average driv-
ing force/blade by 1.3.
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